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Abstract
This work studies the high frequency noise in brake–clutch systems known as
squeal. The work is divided into two parts, the first is focused on the development
of both a theoretical and experimental simplified model of a brake–clutch and
the second is centred on squeal modelling in the real system.
For the simple model, on the theoretical side, a FE model was developed including
anisotropic material properties, pressure and speed dependent friction coefficient
and friction damping. The pertinent characterisation tests were performed as
needed. On the experimental side, squeal tests were performed in the test bench
in order to check the ability of the system for squeal prediction.
Once the model was thought as accurate enough, a methodology to decide over
point structural modifications for squeal suppression based on the receptance
function was designed. Using this process squeal was successfully eliminated
from the simplified model both theoretically and experimentally.
In the second part the modelling of squeal in a real brake–clutch system was
tackled. With this objective a FE model of the whole system was developed and
its validity was checked first by EMA and after, comparing the experimental
squeal frequencies with the ones predicted by simulation. To finish, the method-
ology for structural modifications previously designed was applied to the system
and several theoretical modifications were proposed and studied.

Resumen
El presente trabajo estudia el ruido de alta frecuencia que se da en los freno–
embragues conocido como squeal. El trabajo se divide en dos partes, la primera
enfocada en el desarrollo de un modelo simple tanto teórico como experimental
del freno–embrague y la segunda centrada en la modelización del squeal en el
sistema real.
En lo referente al modelo simple, en la parte teórica se desarrolló un modelo
de elementos finitos que incluía propiedades anisótropas para el material de
fricción, un coeficiente de fricción dependiente de la presión y la velocidad
y amortiguamiento por fricción. Estas propiedades se caraterizaron en los
correspondientes ensayos independientes cuando fue necesario. En la parte
experimental, se llevaron a cabo ensayos de squeal en banco con la idea de
verificar la capacidad del modelo para predecir el squeal.
Una vez que el modelo se consideró lo suficientemente exacto, se desarrolló
una metodología para proponer y valorar modificaciones estructurales para la
supresión de squeal. El método propuesto está basado en la función de receptancia.
Gracias a este proceso fue posible eliminar el squeal del modelo primero en la
teoría y a continuación en el banco de ensayos.
En la segunda parte se aborda la modelización de squeal en un freno–embrague
real. Con esto en mente se desarrolló un modelo de elementos finitos del sistema
completo y se validó en primer lugar mediante AME y a continuación comparando
las frecuencias experimentales de squeal con las predichas por la simulación. Por
último, la metodología desarrollada para modificaciones estructurales se aplicó
al sistema real y se propusieron y analizaron varias modificaciones teóricas.

Laburpena
Lan honetan balazta–enbrage unitate konbinatuetan agertzen den squeal izeneko
frekuentzia altuko zarata aztertzen da. Lana bi zatitan banatuta dago: alde
batetik, balazta–enbragearen eredu sinplifikatu bat garatu da, bai teorikoa zein
esperimentala; bestetik, squeala sistema errealean modelizatu da.
Eredu sinplean, alde teorikoari dagokionez, elementu finitutako eredu bat garatu
da. Eredu honek marruskadura materialaren propietate anisotropoak, presio eta
abiaduraren menpeko marruskadura koefizientea eta marruskadurak eragindako
moteltzea kontutan hartzen ditu. Propietate hauek saiakuntza independentetan
neurtu dira. Alde esperimentalean, squeal saiakuntzak burutu dira ereduak
squeala aurreikusteko duen gaitasuna balioztatzeko asmoz.
Behin eredua nahiko zehatza izanik, zarata kentzeko aldaketa estrukturalak
proposatu eta baloratzeko metodologia bat diseinatu da. Proposatutako metodoa
errezeptantzia funtzioan oinarrituta dago. Metodo honi esker squeala eredu
teorikoan lehenengo eta ondoren saiakuntza bankuan kentzea posible izan da.
Bigarren atalean, balazta–enbragearen modelizazioari ekin zaio squealari
dagokionez. Helburu honekin, sistema osoaren eredu bat garatu da eta
lehengo AME bidez eta gero squeal frekuentzia esperimentalak ereduak
aurreikusitakoekin konparatuz balioztatu da. Azkenik, aldaketa estrukturalak
proposatzeko metodologia sistema errealari aplikatu zaio eta aldaketa teoriko
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Industrial brake–clutches show in some operating conditions high frequency noise
similar to automotive brake squeal1. This is a major concern in industrial applic-
ations because compliance issues with current occupational health legislation [2].
Despite the fact that the techniques used for squeal prediction in automotive
brakes can be potentially extended to analyse brake–clutch squeal, there is a
need for a specific model that captures the distinctive features of this application,
such as the ring shaped contact area and the asymmetric boundary conditions.
Besides, as for automotive brake squeal, there is no standard methodology to
suppress squeal from a brake–clutch that already presents it.
1.2 Definition of squeal noise
Squeal is a high frequency noise produced by self excited vibrations due to
friction. In general, it is considered squeal noise ranging from 1kHz to 20 kHz.
It is divided into two categories depending on its frequency: low frequency squeal
from 1 kHz to 3 kHz and high frequency squeal from 3 kHz to 20 kHz2. Squeal is
characterised by being a pure tone, even if its amplitude can change through
time [5], it has constant frequency content and a sound pressure higher than
70 dB [6]. Generally it is a non repetitive noise that can nearly be considered
random and that appears at low speeds [7].
1In automotive clutches this high frequency noise is also known as eek [1]
2There is no uniform criteria for the separation of low frequency and high frequency squeal.
Some authors divide the two types of noise regarding the number of nodal diameters of the
disk [3]; other relate high frequency squeal to in–plane modes of the disk [4]
1
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As squeal is the result of a dynamic instability in the system [8], it will always
appear when any mechanism is able to store enough energy in a short period of
time [9]. This can happen with a low excitation level at the less stable frequencies
of the system or in any other if the excitation is sufficiently high, though it is
usually necessary to get over a friction coefficient threshold around 0.3 for squeal
to appear in a braking system [10].
1.3 Description of a brake–clutch
Typically, the role of a brake–clutch is to control the power transmission in
a punch–press (Figure 1.1 (a)) by a series of alternating braking and clutch
engagement manoeuvres. When the clutch is engaged, it forces the flywheel
and the shaft to spin together; in turn, when the brake is engaged, it couples
the lining holder on brake side with the rotor to stop the system (Figure 1.1
(b)). For safety reasons, at rest position the brake is engaged thanks to the
force exerted by some springs and it is necessary to apply either pneumatic or
hydraulic pressure to start the clutch–engagement manoeuvre.
(a) (b)
Figure 1.1: (a) A brake–clutch in a punch–press, its typical application in in-
dustry; (b) schematic of the brake–clutch showing its main parts and functioning
Unlike in automotive brakes, the contact in brake–clutches occurs in a ring
shaped area. Besides, as it is possible for the brake–clutch rotor to move axially,
contact only takes place on one of the sides of the rotor depending on the
manoeuvre. Accordingly, contact stiffness is different on each side due to the two
different pressure application methods, the springs or the pneumatic pressure.
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Another difference is that the application time of the normal force is much shorter
in a brake–clutch than in an automotive brake, lasting only few milliseconds. It
is for this reason that brake–clutch squeal is short lived even if it reaches high
sound pressure values.
1.4 Objectives
After analysing the available literature, the development of a predictive model
for brake–clutch squeal than can be used to propose structural modifications for
squeal suppression is selected as research topic.
The following hypothesis is proposed:
Brake–clutch squeal appears due to mode coupling and therefore it is
possible to predict its apparition only taking into account the dynamic
features of the system, i.e. its mass, stiffness and damping and the
friction coefficient. This implies that it is possible to suppress squeal
by structural modifications.
The following objectives are set to verify the hypothesis:
Objetive 1: Check the validity of the stability criteria in the frequency as a
tool for brake–clutch squeal prediction.
Objetive 2: Confirm that the mechanism responsible for brake–clutch squeal
generation is mode coupling, both theoretically and experimentally.
Objetive 3: Study the effect of structural modification in the frequency and
amplitude of squeal.
Objetive 4: Analise the relative effect in stability of the dynamic features and
the operating conditions, both theoretically and experimentally.
Objetive 5: Design a brake–clutch specific methodology for squeal prediction
and suppression.
Objetive 6: Propose structural modifications for squeal suppression in brake–
clutches.
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1.5 Outline of the thesis
The thesis is structured as follows:
Chapter 1: Motivation: the problem of brake–clutch squeal is presented and
the hypothesis and the objectives of the work are set.
Chapter 2: Literature review: a revision of the available literature is presen-
ted. Taking into account the reduced number of publications about brake–clutch
squeal, the literature review is focused in brake squeal in other applications,
mostly automotive. A critical review of the literature can be found at the end of
the chapter.
Chapter 3: Description of the simple model of the brake–clutch: the
tribometer based experimental and simulation model developed in this work is
described in this chapter.
Chapter 4: Squeal simulation in the simple model: complex modes are
computed and compared with experimental occurrences of squeal. Material
properties, pressure and velocity dependent friction coefficient and friction
damping are taken into account. The tests for obtaining the properties are also
described.
Chapter 5: Structural modifications in the simple model: point modi-
fications for squeal suppression based on the receptance method are proposed
and tested in the experimental setup.
Chapter 6: Real brake–clutch model: the process for the development of
a real brake–clutch model is described. The model is validated by correlating
squeal simulation and experimental measurements in a brake–clutch test bench.
Chapter 7: Structural modifications in the brake–clutch: the procedure
described in Chapter 5 is extended in order to propose theoretical point structural
modifications for the real system.




As literature regarding brake–clutch squeal is scarce, this literature review will
mostly focus on automotive squeal, a comparable phenomenon that has been
much widely studied. Literature referring to clutch squeal will be also reviewed
when it is available.
The chapter starts with a description of different squeal generation mechanism
proposed during the decades of brake squeal study. The most common approaches
for addressing the problem will be presented afterwards, including the vibratory,
tribological, acoustic and thermomechanical points of view. As this thesis focuses
on squeal modelling and suppression, the typical methods for modelling found in
literature will be revised, both theoretical and experimental. Finally, the most
commonly used squeal suppression methods will be described.
2.2 Squeal generation mechanisms
There are five major theories to explain the origin of squeal noise, divided into
three groups:
• The ones related to the tribological properties, such as stick–slip and
negative damping
• The ones that have geometrical origin, sprag–slip and modal coupling,
for instance.
• The one that states that the imperfections in the surfaces cause a ham-
mering action that excites the natural frequencies and thus produces
squeal
5
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Some other theories can also be found, but they are not as widely accepted in
the scientific community. A description of the evolution of these theories over
time can be found in [11].
2.2.1 Stick–slip
The theory of stick–slip was the first one developed in order to explain the
occurrence of squeal noise. The stick–slip phenomenon appears in multiple
applications and its main feature is the saw tooth pattern in the speed – friction
force curve (Figure 2.1) due to the differences between static and dynamic friction
coefficients, being this the latter lower than the first.
Figure 2.1: Typical speed – friction force curve under stick–slip conditions
Stick–slip is generally associated with vibrations in a wide frequency range, from
10-9 Hz to several thousands of Hertz, depending on the friction properties and
elasticity of the system [4].
The most common model for describing stick–slip is shown in Figure 2.2, in
which a little perturbation in a mass–spring–damper system can be amplified by
the energy fed to the system from an external source, even with high damping.
The amplitude of the perturbation grows until the speed of the mass and the
conveyor belt are identical. This limit is known as the adhesion or stick state.
The process can be seen in Figure 2.3(a) in which is usually known as the brush
theory and the stick–slip cycle is shown in Figure 2.3(b)[13].
Nowadays this theory has been abandoned except for explaining low frequency
friction induced noise [3]. Still, the separation waves created during a stick–slip
cycle are considered a possible excitation mechanism because of the hammering
action they produce (see Section 2.2.5).
2.2.2 Negative damping
This theory, also known as negative slope of the friction coefficient – relative
speed curve, relates squeal noise to an increase in friction coefficient as speed
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Figure 2.2: Model for explaining stick–slip and negative damping [12]
(a) Stick–slip process. Phenomenological model (b) Stick–slip cycle
Figure 2.3: Stick–slip
decreases. To consider this, one can use the system in Figure 2.2 in which friction
coefficient has the form shown in Equation 2.1 [7]:
µ = µs (1− λ (v − ẋ)) (2.1)
Where µs stands for the static friction coefficient and λ for the slope of the
friction coefficient – relative speed curve, which will be a positive number.
Therefore, the movement equation becomes, leaving out damping:
mẍ+ k x = µs FN [1− λ (v − ẋ)] (2.2)
And after rearraging:
mẍ− µs FN λ ẋ+ k x = µs FN (1− λ v) (2.3)
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As λ is a positive number, the system presents negative damping, so it will
destabilise. However, experimental observations contradict this hypothesis, since
squeal can appear under constant friction coefficient. Thus, the hypothesis of
negative damping is not enough to explain the origin of squeal noise.
2.2.3 Sprag–slip
Developed by Spurr in 1961, the sprag–slip theory was the first one to step aside
from the main stick–slip hypothesis at the time. Unlike the previous theories,
according to the sprag–slip theory, squeal can be originated even with constant
friction coefficient. The instablity is due to reaching a limit value in friction
force, which causes the system to get stuck in a concrete position. Thanks to
the elasticity of the different elements the system can get out of this position
provoking the repetition of the cycle. The instability depends on the value of
the friction coefficient, normal force and friction force.
The model used to explain this phenomenon consist in a bar pinned in its upper
end and with its lower end leaning and sliding onto a moving plane. The bar is
under the effect of a external force L in its lower end (Figure 2.4).
Figure 2.4: Model to explain the sprag–slip mechanism [12]
In this case, the value of the friction force will be:
FR =
µN
1− µ tan θ (2.4)
It is easy to see that, when the friction coefficients reaches que critical value of
µlim = 1tan θ , the bar stops moving.
As this model is very far from a real brake, several researchers added new features
to it in order to make it resemble the real system. The first ones were Jarvis
and Mills, by means of their pin–on–disk model [14], which actually was the first
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model for the theoretical treatment of sprag–slip [12]. They were followed by
Earles, who connected instability with the attack angle of the pin on the disk [7].
This theory has been combined with others to better explain the phenomenon, for
instance, Murakami developed a model that included both negative damping and
sprag–slip in 1984. After a theoretical and experimental analysis, he concluded
that for squeal to occur a particular combination of friction force, material
properties and geometry should take place [15].
Even though it is possible to find sprag–slip in real systems and that it can
explain how the out–of–plane modes are excited by the in–plane modes [7], the
difficulty of modelling limits it applicability. It is useful, though, to explain the
physical phenomenon behind certain vibrations where the other mechanims fail
to give a satisfactory explanation [4].
2.2.4 Mode coupling
The first one to propose this new mechanism for squeal generation was North
first in his 1972 article [16] with a 8 DOF system and later in 1976 using a 2
DOF model (Figure 2.5). He suggested that the instability existent in brakes
could be assimilated to flutter, the coupling between translational and rotational
degrees of freedom that occurs in plane wings. In the specific case of a brake,
this instability would come from the coupling of two vibration modes of the
system.
Figure 2.5: 2 DOF model proposed by North (a) Description of the system. (b)
Mode coupling depending on k1. (c) Mode coupling depending on damping [17]
In order to understand the mechanism, the system shown in Figure 2.6 is
proposed in [18]. This model represents a two degree of freedom system in which
a point mass slides over a conveyor belt moving at constant vB speed. Springs k1
and k2 hold the block in its position and k3 stands for the contact stiffness. The
friction coefficient µ between the mass and the conveyor belt is constant. This
model is basically a the model used for explaining stick–slip in Section 2.2.1.
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where:
k11 = k1 cos2 α1 + k2 cos2 α2 (2.6)
k12 = k21 = k1 sinα1 cosα1 + k2 sinα2 cosα2
k22 = k1 sin2 α1 + k2 sin2 α2 + k3
Figure 2.6: Simplified model for explaining mode coupling
If the mass of the block is much lower than the mass of the conveyor belt,
normal force can be estimated as FN = k3 y and, therefore, friction force will be





















This system of equations represent an eigenvalue problem with the paricularity
that the stiffness matrix is asymmetric. Due to this asymmetry eigenvalues
are complex and, depending on the value of the friction coefficient, modes can
couple.
This effect can be seen in Figure 2.7 where the evolution of the real and the
imaginary part of the eigenvalues with increasing friction coefficient is shown.
Initially, there are two different modes at two different frequencies and the real
part of both of them is zero. Once a critical µ value has been reached, the modes
couple, i.e they occur at the same frequency. In addition, one of them is stable
as the real part of its eigenvalue is negative and the other is unstable, owing to
the positive real part of the eigenvalue.
For a real brake system the mode coupling process has been described in [19]. It
goes as follows:
1. The rotor and the pads experiment normal and tangential forces in the
interface. These forces present a uniform distribution during static contact,
but develop a non-uniform distribution when there is relative movement.
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(a) Evolution of the real part of the eigenvalue
with µ
(b) Evolution of the imaginary part of the eigen-
value with µ
Figure 2.7: Mode coupling caused by friction
2. The tangencial forces that appear in the contact because of friction pro-
duce in–plane vibrations in the disk. The combination of these in–plane
vibrations together with the deformation of the surface alter the contact
area changing the initially constant friction force. Besides, even though the
normal force remains constant, the friction force causes a torque respect
the support of the pads which leads to vibration in the pads.
3. Both effects excite the bending modes (out–of–plane) of the rotor and the
pads.
The result is that the system vibrates at one of its natural frequencies and the
pertinent harmonics [20]. Certain modulation in time can also appear due to
temporal variations in the friction force [21].
From the mode coupling point of view, squeal can be divided into two categories:
the one due to the coupling of modes of different components of the systems and
the one known as rotating squeal, due to the coupling of a doublet mode [22,23].
Nowadays mode coupling is accepted by the majority of the scientific community
as the explanation for squeal — the rest of the theories are used as auxiliary
mechanisms.
2.2.5 Hammering
Hammering is one of the most recent theories for explaining squeal noise genera-
tion, it appeared for the first time in 1989 [24]. It claims that the imperfections
in the surface of the rotor cause a hammering action that excites the natural
frequencies of the disk and produces squeal [9]. It came out because nor negative
damping neither sprag–slip could explain satisfactorily the excitation process,
they only describe the conditions under which squeal would arise [12,24]. As
with these two last theories, according to hammering squeal can happen even if
the friction coefficient is constant.
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The imperfections that act as excitation mechanism can come from any type of
distortion, ranging from non-uniform wear of the surface of the disk to thermal
distortion (see Section 2.3.4). Thus, this theory gives an explanation to polishing
the disk as a means to eliminate squeal, since this process would remove any
possible imperfection and, thus, any chance to excite the system.
2.2.6 Other theories
There are some other theories that are not as widely accepted as an explanation
to the squeal phenomenon. Their main features are presented briefly below:
Parametric resonance
It happens when the system gets excited as a consequence of a variation in its
parameters. As a result, combination resonances appear, both of the sum and
difference type, because of the action of the friction force that can destabilise
the system. An example of this mechanism can be found in [25].
Moving loads
Moving loads can put the system under resonance even if they have constant
value [9]. In [26], for instance, the friction force is treated as a moving load,
reaching the conclusion that it has a destabilising effect. Moving loads are not
normally taken into account as they make computation time grow considerably.
Thermoelastic Instability (TEI) and Thermoelastodynamic Instabil-
ity (TEDI)
The main point of this theory is that friction causes a feedback process that can
be unstable: the thermoelastic deformation produces high pressure areas which,
then, get hotter originating hot spots that, in turn, deform more. . . repeating
the cycle again [27,28]. In general, the thermal – dynamic interaction is not
addressed, supposing that these two effects occur in different time scales, but
according to [29], a little coupling between these two responses can destabilise
systems that uncoupled were stable
Stick–slip separation waves
In continuous sliding, self-excited waves appear due to the destabilisation of the
sliding waves [19]. This phenomenon can be understood as a kind of hammering,
since it comprises a series of impulses acting in the friction interface [12]. An
analysis of this mechanism can be found in [30].
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Chaos
This theory states that squeal arises when the system reaches chaotic conditions,
being chaos a sufficient but not necessary condition for squeal to appear, as it
can also take place in systems that present linear behaviour [31].
2.3 Approaches for addressing squeal
Squeal is a problem affected by multiple factors and that ranges from the
microscopic to the macroscopic scale. This fact makes it a difficult problem to
tackle, on the one hand, because the effect of the different factors is not sufficiently
known and, on the other, because depending on the approach employed the
conclusions reached differ or, worse, conflict.
That said, squeal can be approached from different perspectives, vibratory,
tribological, acoustic or thermomechanical points of view can be chosen. Among
all the approaches the vibratory one is the most common and for which all the
computation methods have been developed.
2.3.1 Linear and nonlinear vibratory approach
Most of the research relating to squeal belongs to this field, specially to the
linear case. Mainly the relation between squeal and the system modes and their
coupling is studied, both in simulation models and test benches.
A linear analysis consists in a linearising the system around the equilibrium
position. This kind of analysis can tell if a system will be unstable or not, but
it cannot determine the amplitude of the unstable vibration. Even if a system
is unstable it is possible that the limit cycle the system evolves to has such a
little amplitude that does not produce audible noise. Thus, it is not possible to
decide only using a linear analysis whether the instability in question would be
a problem or not [32]. The issue here is that there are not analytical solutions
for nonlinear systems — or, incidentally, for systems parametrically excited —
so it is inevitable to resort to numerical techniques.
For the nonlinear case, squeal is usually connected to a Hopf bifurcation [33]
and the Averaging Method [34] and the Harmonic Balance Method are used for
studying it [35,36].
Both the effect of rotating speed and damping are usually ignored when studying
squeal, except for the case that the objective of the work is precisely the analysis
of the effect of these factors in the system. The gyroscopic effect is also ignored
since the apparition of squeal is related to low speeds, so it is argued that
the terms that it would add to the computation would not be meaningful [37].
Giannini offers a different perspective on the subject in [38], as it concludes
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that not taking into account the gyroscopic terms overlooks some of the possible
instabilities and reduces therefore the quality of the prediction.
Regarding damping, it is assumed that a system with no damping is always more
troublesome that a damped one, this way the safety of the results is guaranteed.
On the subject of damping it has also to be said that it reduces the amplitude
of the vibration but at the same time it increases the frequency range in which
two modes can couple [39,40]. In [35] the effect of damping in the coupling of
the modes is analysed, reaching the conclusion that whilst increasing damping
in the two unstable modes equally reduces squeal, a disproportionate increase of
damping raises the risk of instability. The same results are obtained in [32] in
a 2 DOF system, in [41] in a beam–on–disk model, in [17] in a simplified test
bench and in [42] in a FE model of a real brake.
An aspect that should be taken into account is the double role played by the
friction. It introduces a negative damping that cause the destabilisation of the
system and, at the same time, includes a positive damping term that stabilises
the system and reduces the overprediction when complex modes are computed
[43] (see Section 2.4.2).
Besides, the rotation of the disk stiffens the system and thus increases its natural
frequencies [7] as shown in Equation 2.8
f2 = f20 + λΩ2 (2.8)
Where f0 stands for the natural frequency of the system in static conditions, Ω
represents the rotating speed and λ is a coefficient.
Moreover, according to [44] the gyroscopic effects can induce mode coupling and
reduce the stability of the system.
Both effects are treated together in [45], concluding that if damping is propor-
tional, gyroscopic effect can be neglected. If damping is not proportional this
does not apply.
2.3.2 Tribological approach
The main reason to relate squeal to tribology is that the only features that
change fast enough and so unpredictably are the surface condition and the
friction properties [46].
Hence, squeal is linked to the evolution of the contact surfaces or contact plateaus
[46–48]. These surfaces are defined as the zones in the pad that show sliding
contact signs. Their most distinctive feature is a flat area grooved in the sliding
direction. They are created due to the heterogeneity of the friction material,
whose components have very different resistances to wear which makes the
contact happen in localised areas.
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In [46] contact plateaus are classified into primary and secondary plateaus. The
first appear when the less resistant material wears off, these are the areas where
only the hardest material remains. The second are created by aggregation
starting from the primary plateaus (Figure 2.8). The valleys that surround these
contact plateaus are formed by the less wear resistant materials, such as resin
and filler material, and get wore by third body abrasion. These particles are, on
the one hand, the ones that degrade the contact plateau and, on the other, the
ones that will create them when they reach a sufficiently small size.
Figure 2.8: Primary and secondary contact plateaus according to the sliding
direction [46]
The development and destruction of contact plateaus would explain the changes
in the friction behaviour in the system and, thus, would have a major role in
squeal generation. According to [47], pads that have many small contact plateaus
are more prone to squeal that pads with less contact plateaus but of a bigger
size. Following this idea, a critical plateau area of 0.01mm2 is defined below
which squeal would appear.
Besides, a squeal index γ can be defined only based on the superficial features of







Where σ stands for the standard deviation of the asperity height and β is the
average asperity radius. Then, values of γ higher than 0.1 mean that squeal will
not develop under any normal force and relative speed combination. A squeal
index lower than 0.1 is related to the possible apparition of squeal, being it more
likely when the value is lower.
During the wear process, the average radius of the asperities gets reduced and the
standard deviation of the height of the asperities increases so squeal disappears.
The explanation to this process according to the author is the tear off process
that the low stiffness elastic asperities suffer by action of fatigue [17,49,50] and
impact against other asperities.
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Despite this, it is possible to cause and suppress squeal only changing the
macroscopic parameters of the system, so it could be said that the superficial
state is a consequence of squeal rather than its trigger [50]. This goes in line
with [19], where it is said that, when the coupling between two components is
low, the surface effect is considerable, but when coupling increases, the system
moves in one particular mode. The mode in question will vary depending on
the geometry, the sliding speed and the normal force, parameters not related to
tribology.
2.3.3 Acoustic approach
The first one to study the acoustic radiation of a brake was McDaniel [51] that in
1999 that measured the velocity in a brake under squeal conditions using a laser
vibrometer and used these measurements for the computation of the radiation
efficiency and sound intensity. The conclusion reached in the aforesaid study
is that the disk is the main contributor to acoustic radiation, being transverse
speed the culprit even though in–plane force was much larger than out–of–plane
force. It can be inferred therefore that a critical factor in the radiation features
of the system is the coupling between in–plane and out–of–plane movements.
Besides, Lee represented in his PhD thesis [52] the disk as an annular disk and
he studied the effect of structural mode coupling in the acoustic radiation. He
concluded that the radiation efficiency changes when coupling occurs, but only
if the coupled modes have the same number of nodal diameters.
To finish with the acoustic approach, the work of Oberst and Lai in this field
must be highlighted. In [53] they performed the computation of the acoustic
power and radiation efficiency of pin–on–disk and pad–on–disk models by both
finite elements and boundary elements; in [54] they analysed the effect of pressure
and friction coefficient in acoustic radiation and in [55] they compared different
acoustic computation methods for squeal application. Apart from this all, in
[56] a guide to compute the sound radiation of automotive brakes can be found,
where the effect of different contact algorithms, element size and computation
methods in the obtained sound pressure are discussed. In spite of this, the
acoustic of brake squeal is not a highly developed field.
Figure 2.9: Computation of pressure and velocity in [56]
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2.3.4 Thermomechanical approach
Thermal distortion is a key feature in the hammering theory [24]. Besides, the
generation of hot spots is usually linked to thermoelastic instability (TEI). This
instability occurs when the effect of thermal distortion due to friction induced
heat and the fact that in real conditions contact happens in a localised area
get combined. Thus, the distortion causes the high pressure areas to grow but
at the same time as these areas are more prone to wear, they get reduced. In
balance, the growth rate of the contact areas due to thermal distortion and the
decline rate of the areas by wear are equal, but if wear is not able to balance the
growth of the contact area, instabilities may occur. This effect is only taken into
account in theoretical or simplified models, such as [57] or [29].
Another way to take account of temperature in squeal computations is by
its effects in the rest of the parameters. For instance, in [58] a temperature
dependent friction coefficient is introduced in a finite element model and a
complex eigenvalue analysis is performed (see Section 2.4.2). The number of
unstable modes predicted is reduced in a 60%, so the predictive ability of the
model increases thanks to the introduction of temperature as a variable.
Despite this evidence, the effect of temperature is not usually taken into account
in squeal modelling due to the high computation time involved [59].
2.4 Theoretical methods
Various theoretical methods exist for the study of squeal. The reason is that
they allow to simulate different structures, materials and operative conditions
before developing a prototype. In addition, with the help of a theoretical model
is easier to understand the results obtained in an experimental bench [59].
With this in mind, in order to tackle the occurrence of squeal in a particular
system first a model that precisely expresses the features of the system under
study should be developed and, afterwards, the criterion for deciding if a system
will suffer or not squeal has to be selected. This section will first describe the
types of model found in the literature. A description of the most common criteria
for deciding if a system will be prone to squeal or not will follow.
2.4.1 Model types
As stated in [8], the process for developing a model for squeal is the following:
1. Propose a model that adequately represents the real system. it can include
damping or not.
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2. Write down the equations of movement taking into account all the effectS
under consideration
3. Find the parameters that destabilise the system
4. Try to find out the relationship between the effect of a change in the
destabilising parameter and the features of the real brake
In general, the models obtain good results when in the first three steps, but are
less successful in the last one.
The models can be divided into two categories [18]:(i) the ones that are used
for understanding the phenomenon, mostly lumped or distributed parameter
models and (ii) the ones that come from the simplification of the real system
and that are usually analysed by finite elements. The first habitually include
effects such as a pressure and speed dependent friction coefficient or anisotropic
friction material. The latter, on the contrary, are usually limited to constant
friction coefficient and isotropic materials (Figure 2.10).
Figure 2.10: Approaches of published papers. Adapted from [56]
Lumped or distributed parameter models
Their fundamental purpose is explaining the origin of squeal and analysing the
effect of different parameters in its evolution [16,18,18,20,32,60–62] or trying
out suppression techniques [63]. They can also be developed from experimental
results as in [64] where an automotive brake is modelled by a 4 DOF system
using vibration data from holography.
In [65] a review of 2 and 3 DOF models can be found and in [12] a extensive
review of different models is carried out.
Within the distributed parameter models, the circular [51] and annular plates
[52] should be highlighted. These models are used as a simplification of the rotor
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for understanding mode coupling between in–plane and out–of–plane modes and
for computing the radiation efficiency of the system.
As for clutch models, most papers about clutch noise focused on either low
frequency noise [66–68] or thermoelastic effects [69,70]. Regarding high frequency
noise (up to a few kHz according to [33]), two models can be highlighted: (i)
the 6 DOF squeal model presented in [71] in which mode coupling instability
is studied and which has been validated with experiments (Figure 2.11) and
(ii) the 2 DOF nonlinear model of a squealing clutch in [33] and [72] in which
the effect of friction forces and gyroscopic action in mode coupling is analysed.
Despite these efforts, according to [73] nowadays there is no industrial model in
the literature for studying squeal in clutch systems.
Figure 2.11: 6 DOF clutch model proposed in [71]
In a negative note, the problem of the simplified models is that they can push the
simplification process too far and neglect important effects, losing their reliability
[74].
Finite element models (FE)
Nowadays Finite Element Analysis is an essential tool for the study of squeal since
is the only way to simulate a real system and observe the effects of design changes
without producing prototypes. Despite this, it is not possible to introduce every
single complexity in a model yet because the computation time required would
be unacceptable. In general, the results obtain in FE models are not considered
valid without subsequent experimental validation.
For example in [11] and [75] the process of development of a finite element
model of the braking system and its validation by experimental modal analysis
is described.
There is also the possibility of modelling by FE the simplified test bench as occurs
in [76] where a linear and a nonlinear model of a pin–on–disk are developed for
comparing numerical and experimental results.
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2.4.2 Stability criteria
Once the model has been created, a criterion for deciding whether the model is
stable or not has to be selected. The most common are presented below.
Frequency domain: Complex Eigenvalue Analysis (CEA)
Complex Eigenvalue Analysis consist in studying the real part of the eigenvalues
of the system. These eigenvalues are complex because friction causes the stiffness
matrix to be asymmetric. If any of these real parts is positive the system will be
unstable, otherwise, when the real parts of all the eigenvalues are negative, the
system will be stable.
An option for computing the complex eigenvalues and eigenvectors is using the
so called Subspace Projection Method that computes the eigenvectors of the
symmetric matrix, i.e. without taking into account the effect of friction, and
uses these values for projecting the matrices in the following way:
M ÿ + C ẏ + (K + KF) y = 0 (2.10)
(λ2M + λC + K) y = 0 (2.11)
M∗ = [ϕ1,ϕ2, ...,ϕn]TM [ϕ1,ϕ2, ...,ϕn] (2.12)
C∗ = [ϕ1,ϕ2, ...,ϕn]TC [ϕ1,ϕ2, ...,ϕn] (2.13)
K∗ = [ϕ1,ϕ2, ...,ϕn]T (K + KF) [ϕ1,ϕ2, ...,ϕn] (2.14)
Where ϕi stands for the eigenvectors of the symmetric system and M∗, C∗ and
K∗ the matrices projected in the subspace defined by the real eigenvectors.
Then, the system (λ2 M∗+λC∗+K∗) y = 0 is solved and the complex eigenvalues
and eigenvectors are obtained.
This method has the advantage that all the possible squeal frequencies are
obtained in only one run — which of them will get activated in reality depends
on the conditions the system is subjected to. The method can be considered to
be conservative, then. In addition, it allows to study the sensibility of the system
to a variation in its features such as damping, friction coefficient or working
conditions.
Its main drawback that it does not into account the nonlinearities in the system
as it is a linear method and it cannot predict the behaviour of the system after
the onset of squeal. But, it can be applied in any of the models described in
Section 2.4.1.
This method requires a good modelling of the boundary conditions and joints
between elements. It is also heavily dependent on the type of contact introduced,
the algorithm for the computation of the eigenpair and to the inclusion of
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damping or wear of the friction material [43]. In short, it is a useful tool for the
design process as it is capable to identify the possible unstable modes, but it is
not valid to study the evolution of the system far from its equilibrium point.
The Complex Eigenvalue Analysis is by far the most extended method for squeal
prediction in the automotive industry [6].
Time domain: transient analysis
A transient analysis simulates the behaviour of the system in time. The stability
is checked analysing the evolution of the amplitude of the movement. In this
case the differential equations of movement are directly solved using numerical
techniques. Once the movement of the system is computed, the squeal frequencies
can be obtained by the Fourier transform [3].
This methods allows the inclusion of any kind of nonlinearity such as variable
contact area, time dependent material laws and friction coefficient or follower
forces. In exchange, the computation time is much higher and, therefore, the
possibility for trying various designs reduced.
The numerical methods for transient analysis can be either explicit or implicit,
as long as it is taken into account that the step size for explicit computation




When the system gets stuck in a unstable mode, part of the friction energy is
transformed into vibration energy. This energy, called feed–in energy [77], is
added to the system due to the relative movement in the friction interface during
a cycle. It is computed as the integral of the work undertaken by the friction
force in a cycle. Then, if the feed–in energy is positive, the vibration energy in
the system increases and, therefore, the system is unstable.
The feed–in energy for any pair of points (a, b) involved in a frictional contact in




Fia (ẋa − ẋb) dt / i = x, y, z (2.15)
Where Fia stands for the friction force in point a. The total value of the feed–in
energy is the summation of this value for every point and every direction.
A similar energetic criterion can be found in [61] where the squeal is linked to
the growth of the kinetic energy in a cycle:
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Ek =
∮
Ẋᵀ M Ẍ dt > 0 (2.16)
Strain energy
Strain energy is the energy stored by a system undergoing deformation. It shows
how much of the vibration belongs to a particular element [75,78]. For an element





i Ki Xi (2.17)
Where Ki stands for the stiffness matrix and Xi for the displacement vector.






Knowing the value of the strain energy, it is possible to identify the most active
element in a particular mode shape. It has the problem, though, that when
comparing the energy of the components their dimensions and their material
properties have to be taken into account.
Modal participation
Indicators such as MPF (Modal Participation Factor) serve as tool for identifying





/ MPF ∈ [0, 1] (2.19)
Where ϕ1 and ϕ2 are two movement vectors whose similarity is object of study.
The higher the similarity of the movement vectors the closer the MPF to unity.
Using the MPF the components that form a unstable complex mode of the
system can be identified. This way, the properties or the geometry of the most
critical element can be modified so as to avoid coupling.
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Wavelets
If the squeal frequencies change in time the Fourier transform does not give good
results. In this case, another possibility is using the wavelet transform, in which
frequency variations are shown as local maxima in the transform.
A wavelet is a wave that spans a particular range in both time and frequency.
The amplitude and phase difference of this kind of waves can be adapted to
generate any other function, in a similar way to the Fourier transform, with the
advantage that they are useful for transient processes.
Using the wavelet transform figures like Figure 2.12 are obtained where the
colour scale stands for the coefficient for a given time and frequency.
Figure 2.12: Wavelet transform
The wavelet transform is applied to the study of squeal in [79] and [80].
Stochastic methods
Stochastic methods appear in the study of squeal in two contexts. On the one
hand, they are used for creating distributions of different parameters (roughness
of the surface [81,82], porosity [83], material properties [84],. . . ) and resorting
to Monte Carlo methods for the interpretation of the results. A procedure for
introducing uncertainties in squeal modelling can be found in [85].
The main drawback of this kind of analysis is the huge amount of data and
computation time required, but they allow an improved correlation between
experimental and numerical methods. For example, in [84] the dispersion in
material properties, damping and pad surface topography are taken into account
in a CEA analysis with the outcome of a dramatical improvement in prediction
(Figure 2.13). A way to reduce the computation time is reducing the model using
the methods proposed in [86] or [87] that are designed specifically for squeal.
The other context in which uncertainty appears in squeal modelling is in its
relation to chaos (see Section 2.2.6). If squeal is identified as a chaotic process,
small changes in the initial conditions can cause completely different responses.
For this reason, the uncertainty in the input parameters should be taken into
account in the computations to achieve accurate results [31].
24 CHAPTER 2. LITERATURE REVIEW
(a) CEA before introducing uncertainties (b) CEA after introducing uncertainties
Figure 2.13: Effect of uncertainties in CEA [84]
The objective in both cases is to develop a robust theoretical model that is not
affected by uncertainty [88]. In Figure 2.14 a design cycle to obtain a robust
model is shown.
Figure 2.14: Robustness analysis cycle according to [88]
2.5 Experimental methods
Experimental methods are widely used for the study of squeal despite their
many drawbacks. This methods are expensive, based on trial a error, can
only reach limited solutions and the conclusions drawn are not translatable to
other geometries. Still, the results obtained by experimental means are more
useful than the ones reached by theoretical methods, even if these methods are
becoming more advanced [8]. The impossibility of including the effect of all the
factors involved in squeal generation together with the lack of understanding of
them implies that experimental methods have to be used, leaving the theoretical
methods for a first stage of design [3].
This said, the main types of experimental setups for squeal will be described.
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The test benches for squeal can be divided into two groups:
• The simplified benches, in which the different parts of the system are rep-
resented by simple elements. Pin–on–disk, beam–on–disk and tribometer
test belong to this group
• The dynamometer test setup in which the real system is used and the
effect of the surrounding elements is modelled as inertia. It is specially
used in the automotive brake industry.
2.5.1 Simplified test benches
The main motivation for designing a simplified test bench is reducing the number
of the variables that can affect the system.
Simplified test benches have the advantage that as their geometry is simple,
the problem with joints disappear and the measurements are more repetitive.
Besides, a test bench is specifically designed for studying certain aspect of squeal
so placing the transducers for measuring the variables of interest is easy. In turn,
the drawback is that the results are not directly translatable to a real system.
In short, simplified test benches do not reproduce all the causes of squeal but at
least some of them can be studied. In addition, as always is possible to design a
system that reproduces the features to study, this kind of test benches is useful
for verifying design changes.
The following sections describe the most typical simplified test benches for squeal
analysis: the pin–on–disk, the beam–on–disk and the tribometer [17].
Pin–on–disk
Pin–on–disk test benches have the advantage of generating squeal in a simple
configuration. They are comprised of a rotating disk that supports the pin
(Figure 2.15). The first pin–on–disk for squeal applications was designed by
Jarvis and Mills in 1963 to explain sprag–slip (see Section 2.2.3).
Figure 2.15: Pin–on–disk [89]
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From then on that configuration has been used multiple times for explaining
different features of squeal. For example, in [90] and [91] it is used to verify the
hypothesis of mode coupling and in [89] the effect of 4 parameters — applied
force, rotating speed, roughness and Young modulus — in squeal generation is
studied using a DOE.
The main finding relating squeal in pin–on–disk setups are summarised in
Table 2.1
Table 2.1: Summary of the main findings in pin–on–disk setups. Adapted from
[92]
Author Main findings
Earles & Soar Confirmation of sprag–slip
Earles & Badi Abrupt changes in acceleration









Verification of mode coupling mechanism
Influence of dynamic characteristics and friction coefficient
No dependency of µ – v negative slope
Harmonics due to limit cycle
Surface damage
Chen et al. Squeal due to negative slopw µ – v curve
No mode coupling
Chen et al. Time delay between normal and friction force responsible for
squeal
Neis et al. Stick–slip
Increase of stiffness and rotating speed: increases vibration
frequency but decreases vibration magnitude
Effect of damping is stiffness dependent
Beam–on–disk
The beam–on–disk setup is the natural evolution of the pin–on–disk test bench.
It opens the way to mode coupling by adding a new flexible element: the
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beam. A beam–on–disk bench consists in a beam supported in a rotating disk
(Figure 2.16). The normal force, attack angle and the length of the beam can be
changed.
Figure 2.16: Beam–on–disk [17]
Friction force, that acts tangential to the surface of the disk, will excite the
in–plane modes. At the same time, bending waves will be appear in the beam
due to friction. As a consequence, the disk will be excited by a fluctuating normal
force that will excite its bending modes. This process can cause instabilities.
The effect is amplified when the contact angle between the beam and the disk
is acute against the direction of movement. In addition, if the in–plane and
out–of–plane frequencies of the disk are near it is easier to transfer energy from
a mode to another and that the bending modes are excited because of friction
[19].
Beam–on–disk benches for studying squeal are used, for example, in [81], [7] and
[41]. The main findings are summarised in Table 2.2.
Table 2.2: Summary of the main findings in beam–on–disk setups. Adapted
from [92]
Author Main findings
Jarvis & Mills Sprag–slip with constant µ due to geometrical coupling
Amplitude of oscillation controlled by contact loss
Tarter Slotted rotor for squeal suppression
Importance of pad material and geometry
Suganami et
al.
Squeal due to in–plane vibrations
Akay et al. Squeal frequency related to natural frequencies of the parts




Response classified into 3 categories: stable, damped and
unstable mode
Type of response depends on the phase difference between
the frictional force and response
Allgaier et al. Determination of excitation energy per cycle the unstable
amplitude growth
Amplitude growth rate dependent on the normal load and
low dependence on the disc speed
Cantone &
Massi
Homogeneous damping reduces system response and
propensity to generate squeal
Non-homogeneous damping increases the propensity to
generate squeal
Tribometers
The tribometer test benches are halfway between beam–on–disk setups and a
real brake systems. They are useful for studying the dynamic and tribological
features of squeal. A good example of a tribometer is the TriboBrake described
in [93] shown in Figure 2.17. The main conclusions reached in that setup can be
found in Table 2.3.
Figure 2.17: TriboBrake
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Table 2.3: Summary of the main findings in tribometer setups. Adapted from
[92]
Author Main findings
Massi et al. Dynamic instability due to a phase relationship between the
exciting force and the response of the system
Possible couplings: Disc–Pad, Disc–Support
Squeal vibrations characterised by a 90º phase difference
between in–plane and out–of–plane acceleration of pad
Damping reduces modal response but increases the coupling
range
Squeal happens near less damped mode frequency.
Squeal frequency close to in–plane frequency of pad
Cracks in friction material due to axial load fatigue
Squeal causes exfoliations
2.5.2 Dynamometer test setup
The objective of dynamometer tests is performing tests in a controlled environ-
ment but as similar as possible to the real system. The rest of the elements of the
system are replaced by inertias. In Figure 2.18 the test bench for a automotive
brake is shown [94]. The main findings reported in dynamometer test setups are
summarised in Table 2.4.
Figure 2.18: Test bench for a real brake [94]
The test bench where the performance of the brake–clutch in operation is
simulated is of this kind (Figure 2.19).
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Figure 2.19: Test bench for the brake–clutch [95]
Table 2.4: Summary of the main findings in dynamometer setups. Adapted from
[92]
Author Main findings




Pressure fluctuation can excite components at squeal
frequency
Renaud et al. Leading edge is more involved than trailing one in squeal
Eriksson et al. Increasing pressure squeal propensity increases due to the
increase of plateaus contact size
Ishihara et al. Increasing pressure linear stiffness of pad increases and
squeal shifts to higher frequencies
Hetzler &
Willner
At low pressure small variations between pressure and
contact stiffness lead to instabilities
Yang &
Afaneh
Higher clamping force result in stronger coupled vibration
Fieldhouse &
Newcomb
To have a pure travelling wave, two stationary waves must
have same amplitude and a 90º phase difference
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2.5.3 Measuring systems
An important factor when analysing squeal noise experimentally is the correct
choice of the measuring systems. The transducers for squeal measurements must
have two essential specifications [7]:
• The possibility of measuring in moving components, such as the disk. This,
focuses upon contact less devices.
• Ability for measuring responses in a short period of time, since squeal is
not stationary.
Apart from the measurement of different parameters during squeal tests, two
measuring techniques are widely used for gaining understanding about the squeal
generation process: Experimental Modal Analysis and optical techniques.
Experimental modal analysis (EMA)
Experimental Modal Analysis is useful in several ways:
• It can be used to link squeal frequencies to natural frequencies of the
system and thus see if the noise has structural origin.
• The information collected in the modal analysis — specially the values
of the natural frequencies and the modal shapes [96] — can be used to
update the simulation model for it to resemble the most the real system
[97].
• Thanks to EMA a map of the system’s natural frequencies can be obtained
and possible couplings can be identified.
• A simple model can be developed from AME data that is close to the real
system but whose computation time is lower [98].
Optical techniques
Optical techniques are used to experimentally identify the shape of the squealing
mode. Three optical techniques are described below: Holographic Interferometry,
Electronic Speckle Pattern Interferometry (ESPI) and Laser Doppler Velocimetry
(LDV). The three of them are non-contact techniques so they do not alter the
system and are not affected by operation temperatures. Holographic interfero-
metry (Figure 2.20) and ESPI measure the vibration in the whole component so
they have the advantage of avoiding the problems related to the selection of a
single point.
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Holographic interferometry
Holography allows to record all the information contained light wave emitted by
certain object in a medium: the intensity and the phase. The measurement of
the wave front requires comparing the value of each point to a standard wave
front knows as reference light beam. The light source has to be monochromatic
and coherent, conditions that are met by a laser beam, either continuous or
pulsed.
As two light beams are compared, movements smaller than the wave length
cannot be detected. In addition, measurement time should be short to fulfil
stability requirements.
Holographic interferometry consist in creating an image by constructive or
destructive interference of two light beams. Depending on their phase difference,
these two beams will create another light beam of greater or smaller intensity
that will represent the relative displacement between two images. By increasing
the relative displacement between two points (the initial and the deformed) the
number of stripes grows.
Figure 2.20: Holographic interferometry example
These fringes represent contours of equal displacement and are the sum the rigid
body movement in very direction, i.e. absolute displacement is measured. It
is necessary, thus, to split up the components to obtain a valid displacement
value taking into account that the movement of the disk itself implies in–plane
displacement, that will also appear in the stripe pattern [22]. This can be
difficult to accomplish in practise. There is also the possibility of creating 3D
images interpolating through the images in time. Its main advantage is that the
vibration modes can be seen during squeal.
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Electronic–speckle pattern interferometry (ESPI)
In this case, a light beam from a ruby laser is spread by a lens to light the surface
under study. The reflected light is combined with the reference beam and the
result is recorded using a CCD camera (Figure 2.21).
Even though its resolution is lower, it avoids the problems of holography (difficulty
of application, time consumption, need for optical and experimental knowledge)
and provides a simple way contactless way for measuring displacement.
For the quasistatic case a continuous laser beam is enough, but the dynamic
case requires a pulsed laser that emits two light beams separate from each other
a specific time interval. Then, it is possible to obtain a snapshot of the deformed
shape in two times. This technique is known as Pulsed–laser electronic speckle
pattern interferometry.
Unlike holography, ESPI has the advantage that it is possible to set apart
in–plane and out–of–plane displacements [99].
Figure 2.21: Fundamental of ESPI [100]
Laser Doppler Velocimetry (LDV)
In Laser Doppler Velocimetry a laser lights up an object in movement. This
object in turn reflects light that gets to a photodetector where it is combined
with a reference beam and creates a signal because of the frequency shift caused
by Doppler effect (Figure 2.22). This displacements depends on the speed of the
object. The principle of this technique is the same that governs ESPI, but for a
single light beam.
Scanning Laser Doppler Velocimetry (SLDV) allows measuring the response in
different points since the focus point of the laser moves throughout the surface
of the object under study. The problem with SLDV is that it requires squeal to
last a minimum amount of time for all the points to be scanned [101].
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Figure 2.22: Fundamental of LDV [101]
2.6 Suppression methods
Nowadays there is no method to completely suppress squeal. The most effective
measure would be reducing friction coefficient since there is a threshold below
which squeal rarely occurs (µ = 0.3−0.4) [10], but as this step would also reduce
the performance of the brake, in general adding damping or changing the design
is preferred.
The methods for squeal suppression found in the literature will be presented
below, classified into three groups: design changes, antisqueal products and
active control. These methods pursue three objectives [102]:
• Reduce the vibration produced by friction. A change in the geometry of
the pad is an example.
• Alter the vibratory behaviour of the system, for example optimising its
weight or stiffness or using asymmetric rotors.
• Soften the vibration by the addition of damping.
2.6.1 Design modifications
If mode coupling is accepted as the mechanism that generates squeal, noise can
be suppressed changing the design so as to avoid coupling.
According to [9], squeal will not appear either if the excitation or the sensitivity
of the system to it is reduced. The following strategies are proposed:
• Design a system less sensitive to vibration, with this in mind it is
necessary to:
– Uncouple in–plane and out–of–plane modes
– Uncouple in–plane modes
– Reduce out–of–plane movement
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– Increase bending stiffness of the rotor
• Design a system that has lower impulsive excitation at the most
sensitive frequencies of the system. This requires to:
– Ensure a uniform distribution of contact pressure
– Ensure that the pad has enough damping
– Uncouple the modes of the different elements
• Move the unstable frequencies out of the audible range. This can
be done by:
– Increasing the stiffness of the rotor
– Coupling the in–plane or out–of–plane modes with modes of other
components at higher frequencies
These objective can be achieved by different means: studying the shape of the
modes and changing the geometry of the system to inhibit the movement of
certain parts [12,103]. These modifications are generally performed following
an iterative scheme mostly by trial and error until a suitable solution is found
[104]. Recently, optimisation techniques such as shape optimisation have also
been applied [105].
Another option in modifying the surface of the disk [10,106] as shown in Fig-
ure 2.23 or carving grooves of different geometries in the friction material [107]
or the disc [108], but the results do not last long due to wear.
Figure 2.23: Grit blasting pattern in a disk for squeal suppression [106]
Point modifications
A way to suppress squeal is by a point structural modification, either by point
masses or springs or a combination of both. In [7], for example, squeal is
suppressed in a numerical simulation of beam–on–disk set up by the addition of
point masses. Nevertheless, the objective of the work is not squeal elimination
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but analysing the effect of a mass mistune in the evolution of squeal frequencies
in time — squeal suppression is only a by-product.
Another way to determine a modification for squeal suppression is using the
receptance method. This method has been successfully applied in other fields
to solve the inverse problem of structural modifications on a simple laboratory
structure and simple simulated examples [109,110]. Regarding squeal, only
the direct problem has been solved this way. This means that the effect of a
modification on the squeal frequencies can be predicted but not the needed
modification to achieve a certain change in the behaviour of the system. In [93],
for instance, experimental receptances were used to compute the effect of the
addition of a single–DOF system in a simplified test bench (Figure 2.24)..
Figure 2.24: Effect of mass in the frequencies for different positions [93]
Receptance method is widely applied for structural modifications in other areas
[111] but in general in cases without friction. An example of the use of receptance
method in a lumped system with friction can be found in [112].
In a system that presents squeal, being able to shift natural frequencies allows
to avoid mode coupling since two modes that are close enough in frequency to
coalesce due to friction can be taken apart from each other. This makes the
receptance method a possible strategy for squeal suppression. In addition, as the
needed modifications are local, the design of the system is not compromised. The
main drawback of the method is obtaining accurate experimental receptances
from the system but if a reliable finite element model is first developed, simulation
receptances can be used as they already include the effect of friction [113].
Mode based design modifications
The information collected by any of the previous numerical techniques about
the unstable modes can be used to redesign the problematic component with
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the objective of increasing the distance between natural frequency so as to avoid
coupling in a trial and error fashion.
Some typical solutions exist such as using a prime or odd number of cooling fins
to avoid the movement of the symmetric modes of the disk [12] or breaking the
symmetry of the rotor [103,104].
Optimisation
The process described above can be automatised applying a optimisation tech-
nique (Figure 2.25). For instance, a shape optimisation can be carried out
defining as objective function the minimisation of mass [114] and the split of
coupled modes as restrictions. Another possibility is selecting as objective func-
tion the minimisation of the real part of the eigenvalue related to squeal and the
volume of the pad as a restriction [115]. More examples can be found in [116] and
[117] or [118], where the shape of a damping shim is subject of a optimisation
process (see Section 2.6.2). Topology optimisation can also be used for defining
the best distribution of material so as to avoid squeal, but this field is still under
development.
Figure 2.25: Design cycle including optimisation based design modifications [114]
As for point modifications, the same objective can be achieved by discrete
optimisation adding several masses with the goal of avoiding mode coupling.
A example of this kind of optimisation based on the receptance method but
unrelated to squeal can be found in [119].
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2.6.2 Antisqueal products
The main commercial solutions for squeal supression in automotive brakes are
the application of copper grease in the back part of the pad (Figure 2.26) and
the addition of damping shims, a combination of layers of viscoelastic material
and steel that have to be attached to the backplate (Figure 2.27). It has not
been found any reference that shows the efficacy of the first one, but the contrary
has not been proved either.
Figure 2.26: Copper grease application on a automotive brake
As for the shims, some analysis about their function can be found in the literature
such as in [120], [121] or [122], in which it is concluded that they are beneficial
for the stability of the system as they add damping and split the doublet modes,
but this increase in stability is limited [120] and, according to [121], the damping
shims are not able to suppress in–plane vibration, so they will not eliminate
squeal that occurs for this reason.
These two solutions could be translatable to the context of the brake–clutch, but
there is no information available.
Figure 2.27: Damping shims
2.6.3 Active control
Another way for suppressing squeal is the active control of either the vibration
or noise of the system. Different possibilities exist, such as dither, Smart Pads or
Active Force Control. Even though different kinds of systems exist and research
is carried out in this direction, nowadays active control does not represent a
feasible solution for both its size and its prize.
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Dither
The noun dither refers to high frequency vibration — in general higher than
20 kHz so as to not to be detected by the human ear. It is used for taking out
the system from a mode coupling configuration by substituting this unstable
vibration with a vibration at the dither frequency. In [123] a system using dither
used to suppress rotor mode squeal in a brake squeal dynamometer (Figure 2.28).
Its main drawback is the generation of heat because, at the end it does not
eliminate the vibration [124].
Figure 2.28: Dither system [123]
Smart Pads
Smart pads are pads with implemented piezoceramic that get activated when
vibration in the system is detected in order to suppress it (Figure 2.29). The
intention is to transform mechanical energy into electrical energy thanks to the
piezoelectric material and then dissipate the energy in a circuit. This way the
mechanical vibration is reduced. The circuits can be passive (a resistance) or
active (LRC type), the latter allows the system to be an actuator and a sensor
at the same time.
Figure 2.29: Brake with a piezoceramic actuator [125]
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In [125] this type of control is used in a brake test rig in order to reduce squeal
noise, the results are shown in Figure 2.30. The heating is not considered in the
study — this is the main disadvantage of the system as the temperature changes
the capacitance of the piezoceramic and thus the performance is reduced.
Figure 2.30: Effect of smart pad in squeal noise
Active Force Control (AFC)
In [126] a PID controller is used for active force control and in [127] a PID
controller that uses fuzzy logic, but they are only applied to discrete models.
2.7 Critical analysis
The main point to highlight in this critical analysis is that it has not been
possible to find any work devoted to industrial brake–clutch squeal in the
available literature.
Resorting again to the literature about brake squeal, the following can be
identified as accepted knowledge in the field:
• Squeal is linked to a dynamic instability caused by mode coupling
• There is a threshold of friction coefficient below which squeal does not
appear
• Symmetric rotors are more prone to squeal since they have doublet modes
or two modes at near frequencies.
• The addition of damping reduces the amplitude of vibration, which is
beneficial, but increases the range of frequencies in which two modes can
couple.
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• If damping is added it should be added homogeneously since differences in
damping increase squeal risk
• Both thermomechanical coupling and the gyroscopic effect tend to destabil-
ise the system
The main conclusion that can be drawn after analysing the literature is that the
squeal related knowledge can be divided into two categories: on the one side, the
ones devoted to understanding the phenomenon, that are based on simplified
models and compare theoretical results with experimental results obtained in
simplified test benches; on the other, the ones focused on the simulation of real
systems, specially using finite elements, and the comparison with dynamometer
tests.
The objective of the first group is analysing the effect of introducing new elements
into the computation such as nonlinearities, gyroscopic effect, uncertainties in
the parameters or roughness, or the design of new suppression systems. These
works are usually linked to academia and rather far from the real application.
As for the second group, they are dedicated to squeal elimination in a particular
system irrespective of its origin. With this in mind, they perform design changes
and verify them by simulation or experimentation in a trial and error basis.
Lately considerable amount of effort is devoted toward the automation of this
task.
Hence, there is a need of an intermediate approach that tries to explain the
squeal phenomenon taking into account the different effects but which does
not put aside the real application. A work that includes different views of the
phenomenon without centring its attention into a single aspect of squeal will
be interesting, considering that it is not clear whether a factor should be taken
into account or not for some given conditions. This problem arises because the
models and test benches are designed to study a particular aspect (damping,
mode coupling. . . ) and are not modified for adding variables that correspond to
another approach.
Besides, an accepted methodology for squeal suppression does not exist, only
some guidelines for design changes can be found, most of which are based
on experience. For this reason, it would be useful to develop a process for
verifying the behaviour of the system concerning squeal and for changing its
design if necessary. A method based on the receptance function appears to be a
plausible candidate since the structural modifications derived are local and can
be computed theoretically without the need for a prototype.
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Chapter 3
Simple model of the
brake–clutch
3.1 Introduction
This chapter is devoted to the description of the design of the simple model of
the brake–clutch under study. As it has been previously stated, nowadays there
is no model for brake–clutch squeal so it is necessary to develop one to gain
further understanding of the phenomenon.
The structure of the chapter goes as follows: first, the simple model of the
brake–clutch is described, highlighting its distinctive features; then, the finite
element model developed is presented and, at the end, its validation process is
shown.
3.2 Description of the model
The model developed has three distinct features:
• Experiments conducted on a commercial tribometer because of its integrated
sensors and control.
• Simple geometry of the theoretical model to avoid unnecessary details.
• Representation of the particularities of the brake–clutch such as the ring
shaped contact area and the asymmetric boundary conditions.
The commercial tribometer used was the Falex High Performance which presents
disk–on–disk configuration. Its main features are shown in Table 3.1. This
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equipment allows control over the rotation and the pressure in its pneumatic
cylinders. Different combinations of these two parameters leads to the generation
of squeal noise.
Table 3.1: Features of the Falex High Performance tribometer
Maximum speed 10000 rpm
Maximum power 8.16 kW
Minimum measurable torque 250Lb
Minimum applicable force 253N
Maximum applicable force 10000N
In order to fulfill the objectives, two parts were designed taking as a starting point
the original components of the tribometer (Figure 3.1): the fixed part, made
of GG25 cast iron and which assumes the role of the rotor in the brake—clutch,
and the moving part, made of steel and which represents either the clutch or
the brake side and to which the friction material is attached.
Figure 3.1: Falex High Performance tribometer with its original components. (1)
Moving part (2) Fixed part
The fixed part was designed in order to confine the unstable modes in the study
range (1 kHz – 20 kHz) in its upper part (Figure 3.2). By doing so, independence
to the boundary conditions in the base of the fixed part can be achieved. The
moving part was intended to be as simple and robust as possible. Having one
part fixed and the other mobile permits a relative rotation between the two of
them keeping boundary conditions simple but representative of the real system.
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Figure 3.2: Design of the simple brake–clutch model
3.3 Finite element model
A finite element model of the designed system was also developed using the
ABAQUS software. First, the individual parts were studied in order to check the
possible mode couplings and, after, a model of the complete system including
friction was created. This last model will serve as a tool for squeal prediction at
first (see Chapter 4) and for squeal suppression later on (see Chapter 5).
3.3.1 Possible mode couplings
First of all, the natural frequencies of the two instances on their own but with
boundary conditions applied were compared to check the possible mode couplings.
For the fixed part its natural frequencies were obtained with its base clamped.
For the moving part the boundary conditions were applied in its upper part,
where it is attached to the structure of the tribometer, only displacement along
the vertical axis uz and rotation around the vertical axis ωz were permitted
(Figure 3.3).
(a) (b)
Figure 3.3: Boundary conditions used for study possible mode couplings (a)
Fixed part (b) Moving part
46 CHAPTER 3. SIMPLE MODEL OF THE BRAKE–CLUTCH
Looking at Figure 3.4 it can be concluded that apart from the possible coupling
of a mode of the fixed part with one of the moving part at 10–11 kHz, rotating
squeal is more likely to happen since only doublet modes in a single component
can couple [23].
Figure 3.4: Coupling possibilities blue bars denote the natural frequencies of the
fixed part and orange bars the ones of the moving part.
3.3.2 Complete model
The finite element model of the complete system had 83.217 degrees of freedom.
Incompatible mode linear hexaedra elements were used because of their good
response to bending and their moderate computation time [128].
All movement was blocked in the base of the fixed component and in the moving
component only vertical displacement and rotation around vertical axis were
allowed.
For contact simulation Hard Contact allowing contact separation was used for
the normal behaviour and Penalty for the tangential. Penalty method was chosen
over Lagrange multipliers as it obtains similar results but in less time, since the
former has to solve a smaller system of equations.
In the contact interface, the fixed part was selected as master surface and the
friction ring as slave since the less stiff part and/or the one with a finer mesh
should be selected as slave according to the ABAQUS documentation [129].
Small sliding was preferred to finite sliding for its suitability to the application
and easier convergence. In small sliding, as suggested by its name, only a relative
small sliding in contact is assumed so the same node in the slave surface will
interact with the same area in the master surface throughout the analysis. This
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way, the contact state is not recalculated in each step and the process is less
time-consuming.
It should be pointed out that the options selected for contact simulation follow
the advice given in [56], [75] and [11] for squeal modelling.
The main features of the finite element model are shown in Figure 3.5.
Figure 3.5: Summary of the main features of the FE model
3.4 Validation of the model
The model validation was done in two steps. First, the model of the individual
parts was validated. For the fixed part an Experimental Modal Analysis (EMA)
was performed in free conditions first and after FRFs were measured with the
component mounted in the tribometer. Comparing the results from the EMA to
the simulation modes served the purpose of checking the accuracy of the mesh
and the material properties. Comparing the measured FRFs to the simulation
data allowed to confirm the validity of the boundary conditions.
The idea of performing also a EMA test for the moving part was discarded
because only a couple of modes were in the study range and, among them, the
ones that can couple have too high frequency for this kind of test. Besides, squeal
is related to a very specific zone of the fixed part which is isolated from the rest
from the design. Anyway, some FRFs of the system mounted in the tribometer
were obtained in order to validate the model of the moving component.
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Finally, the ability of the complete model to predict squeal frequencies was
adopted as a final validation. The parts of this two step validation are shown
in Figure 3.6. This section focuses on the validation tests for the first step, the
















Figure 3.6: The simulation and experimental paths and the two stages of
validation
3.4.1 Fixed part
First, an EMA of the fixed part was carried out in order to see the divergences
between the computed vibration modes and the experimentally measured ones.
The experiment was performed hanging the element in a structure using elastic
bands as shown in Figure 3.7. This way, it can be assumed that the element is
in free conditions as the stiffness of the elastic bands is much lower than the one
of the element under study.
Figure 3.7: Setup for EMA test
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For improving the correlation between experimental and simulation modes a
asymmetry was introduced in the system — the accelerometer itself — that
would fix the position of the nodal lines. The MAC matrices for the cases with
and without added asymmetry are shown in Figure 3.8.
Thanks to this strategy, correlation was good enough as 13 modes were correlated
in the study range with MAC values higher than 0.6 and with an error in frequency
lower that 7.5% (Table 3.2). The discrepancies may be related to limitations of
the experimental setup.
Table 3.2: Comparison between simulation and experimental modes
Frequencies[Hz] MAC
EMA Simulation Error [%]
2007.7 1983.7 1.19 0.752
2031.2 1992.8 1.89 0.742
3525.3 3769.3 6.92 0.744
3985.8 4085.4 2.49 0.855
5421.2 5206.7 3.96 0.674
5438.6 5230.8 3.82 0.632
5615 5624.3 0.17 0.701
7703 7263.6 5.7 0.753
7850.3 7296 7.06 0.805
8311.4 8049.2 3.16 0.623
8436.2 8054.7 4.52 0.656
10192.3 9585.9 5.95 0.701
10388.5 9625.6 7.34 0.798
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(a)
(b)
Figure 3.8: MAC matrix without added asymmetry (a) and with it (b)
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Then, some FRFs were measured with the part mounted in the tribometer in
order to verify the validity of the boundary conditions. Figure 3.9 shows the
position of the accelerometers and the impact point and direction for the hammer.
An example FRF ( ẍF ) can be seen in Figure 3.10.
Figure 3.9: Setup for measuring FRFs of the fixed part mounted in the tribometer
Figure 3.10: Example FRF for the case of the fixed part
A FE model of the fixed part alone with the boundary conditions applied was
created and its natural frequencies were computed. The boundary conditions in
the FE model were the ones shown in Figure 3.5. In Table 3.3 the frequencies
obtained from the FE simulation and the ones from the FRFs are compared.
As the maximum deviation in frequency is around 5% it can be said that the
modelling of the boundary conditions is right.
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Table 3.3: Comparison between simulation and experimental frequencies for the
fixed part




















As previously said, for the validation of the model of the moving part some
FRFs were measured with this part mounted in the tribometer. The point and
directions of both the hammer impacts and the accelerometers are shown in
Figure 3.11.
Figure 3.11: Setup for measuring FRFs of the moving part mounted in the
tribometer
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As done in the previous section, the peaks in the FRFs were then compared to
the frequencies computed in the FE simulation. The boundary conditions in
the FE model were the ones shown in Figure 3.5. An example FRF is shown in
Figure 3.12.
Figure 3.12: Example FRF for the case of the fixed part
A comparison of the simulation frequencies and the ones extracted from the
FRFs are shown in Table 3.4. The model of the moving part was accepted as
correct since the maximum error in frequency was 2.52%.
Table 3.4: Comparison between simulation and experimental frequencies for the
moving part







This chapter has gone through the creation and validation process of a simple
model for brake–clutch modelling. This model was based on a commercial
tribometer to take advantage of its integrated sensors and control. Apart from
being the first model for brake–clutch model for squeal noise prediction, the model
has the particularity of confining squeal to a particular zone and component of
the system and, thus, isolating it from the effect of the boundary conditions.
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A FE model of the system was also developed which will be used in later chapters
for squeal prediction and suppression. To validate the FE model, an EMA test
has been performed for the fixed element, with the peculiarity of the addition
of an asymmetry to improve correlation in the axisymmetric element. The
correlation was satisfactory since 13 modes were correlated with a MAC value
higher than 0.6 and a error in frequency lower than 7.5%.
In addition, FRFs of the parts mounted in the tribometer were measured. This
had as objective the verification of the modelling of the boundary conditions.
A maximum deviation in frequency of 5.51% for the fixed part and of 2.52%
for the moving part was obtained so it can be said that the model represents
properly the real system.
Chapter 4
Squeal simulation in the
simple model
4.1 Introduction
This chapter describes the simulation of squeal in the brake–clutch model
presented in Chapter 3. The work can be divided into two distinct parts:
on one side, the computation of the complex modes of the system in order to
predict instabilities and, on the other, squeal tests performed in the experimental
setup. The results obtained in both parts are compared in order to quantify the
capability for squeal prediction of the finite element model.
At the beginning the most simple finite model is presented and afterwards new
complexity is added to the model, including pressure and velocity dependent
friction coefficient, anisotropic elastic properties for the friction material and
friction damping. In all cases, experiments carried out for characterising each
property are described. The effect of each property in the correlation with
experimental squeal frequencies and in the stability of the system is analysed.
4.2 Simulation model
First of all, a Complex Eigenvalue Analysis is performed in the finite element
model presented in Chapter 3 to identify the unstable vibration modes of the
system. The process is described in [130] and summarised in [6] as:
1. Nonlinear static analysis for applying pressure and establish the contact
area
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2. Nonlinear static analysis to impose rotational speed on the disk so that
friction is developed on the contact interface
3. Normal mode analysis to extract natural frequency of the undamped system
4. Complex eigenvalue analysis that incorporates the effect of friction coupling
and produces the system eigenvalues
In this system all unstable modes are doublet modes due to the axisymmetry of
the system, specially the upper part of the fixed part to which unstable modes
belong. Therefore, the system will present rotating squeal [131].
4.3 Squeal tests
To verify the validity of the simulation results, squeal tests were performed in
the tribometer setup. In this section the experimental procedure followed and
the results obtained are presented.
4.3.1 Experimental procedure
Squeal tests were conducted in low, medium and high conditions in terms of speed
and pressure (Table 4.1). Each test was repeated 4 times to ensure repetitiveness.
These conditions were decided after a preliminary test in which pressure and
speed ramps were applied to the system and squeal conditions were registered.
For all the conditions, if the friction material was new a running-in time was
needed to produce squeal [23].
Table 4.1: Conditions of the squeal tests
Test # Normal force [N] Rotation speed [rpm]
LOW 1 470 50
MEDIUM 2 940 90
HIGH 3 1440 110
Measurements of rotation speed, normal force, torque, temperature, acceleration
and noise were taken at a sampling speed of 65,536Hz to properly represent
frequency components up to 25,000Hz. Measurements of rotation speed, normal
force, torque and temperature were provided by the tribometer itself whereas
acceleration and acoustic pressure measurements were taken using external
transducers (Figure 4.1).
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Figure 4.1: Position of the accelerometer and the microphone in the experimental
setup
4.3.2 Results
First, the relationship between squeal frequency with normal force, rotation
speed and friction coefficient was analysed. This required checking first if the
tests were repetitive enough. As seen in Figure 4.2, the same squeal frequencies
were obtained for the tests performed under the same working conditions. It was
also observed that the test under high conditions showed more squeal frequencies
than the rest. This can be linked to the activation of more unstable modes to
the higher level of excitation these last tests meant. Regarding the low frequency
range, low and medium conditions also show some frequency content in that
range, but its amplitude is much more lower than in the high conditions.
Figure 4.2: Squeal frequencies in tests. Vertical lines divide tests in different
conditions and colours track frequencies through tests
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After, the changes in squeal frequencies related to the aforementioned three
parameters were studied. In Figure 4.3, squeal frequencies in function of the
values of the parameters at the starting point of squeal are plotted. Two
conclusions can be drawn from these results:
• There is a threshold of friction coefficient of approximately 0.3 – 0.35 under
which the likelihood of squeal to occur is very low. The presence of squeal
events under the threshold can be attributed to measuring errors.




Figure 4.3: Conditions at the onset of squeal vs squeal frequencies (a)Friction
coefficient (b)Normal force (c) Rotation speed. Colours track frequencies through
tests
These facts match the conclusions reached in the literature for automotive brake
squeal, for instance in [46].
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The evolution of the measured variables in time was also studied. An example of
this temporal variation can be found in Figure 4.5 (a), where the cyclic variation
of the variables can be noticed, being this period T equal to the period related
to the nominal rotation speed for each test (Figure 4.4).
Figure 4.4: Squeal presented a cyclic modulation in time related to rotation
speed. For example, for the tests at 50 rpm T = 2πω = 1.2 s
If attention is focused in a single squeal cycle (Figure 4.5 (b)), it can be observed
that the onset of squeal is linked to an increase in oscillation in normal force
and a drop in torque. This effect can be most clearly seen if the zone between
5.05 s and 5.08 s is magnified (Figure 4.5 (c)). This finding is in line with [132].
This phenomenon can be explained in two different ways:
1. Contact between the friction element and the fixed component is lost
making the torque drop and causing the vertical vibration in the fixed
element.
2. Oscillations in normal force provoke the lost of contact and therefore the
drop of torque.
In either case, squeal appears when a drop in torque is accompanied by a greater
oscillation in normal force. These results suggest the possibility of sprag–slip
being the triggering mechanism for mode coupling.
After analysing the variation in time of squeal the effect of friction coefficient,
rotation velocity and normal force in squeal generation was studied. In Figure 4.6
the values of friction coefficient, rotation velocity and normal force at the onset
of squeal are plotted. Two conclusions can be reached from there, the first
one is that the tests with less demanding conditions show lower variation in
rotation speed. The second is that tests with different normal force values present
different friction coefficient thresholds.




Figure 4.5: Variation of variables in time. From top to bottom: sound pressure,
acceleration, normal force, torque and friction coefficient (a) During the test (b)
Zoom into one squeal cycle (c) Further zoom
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(a) (b)
(c)
Figure 4.6: Conditions at the onset of squeal (a) Normal force vs friction
coefficient (b) Rotation speed vs friction coefficient (c) Normal force vs rotation
speed
4.4 Comparison of simulation with experi-
mental results
Once the experimental results had been analysed, the squeal frequencies obtained
in the tests were compared with the frequencies of the unstable modes from
the FE model. In Figure 4.7 this comparison for the three test conditions is
presented. Only one instance for each testing category is displayed due to the
similarity that exists between the noise spectra for the same testing conditions
(see Figure 4.2)
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(a) (b)
(c)
Figure 4.7: Comparison between noise spectra from squeal tests and frequencies
of the unstable modes (vertical lines) for the three testing conditions (a) Low
(b) Medium (c) High
All the experimental squeal frequencies can be found among the unstable modes
of the system with a maximum deviation of 10%, but the number of squealing
frequencies is overpredicted. This overprediction is probably linked to the simpli-
fications of the model such as the constant friction coefficient, the instantaneous
application of both force and rotation speed and the lack of damping. This issues
will be addressed in the following sections.
4.5 Added complexity to the model
In order to reduce overprediction, some improvements were added to the FE
model. First, the elastic properties of the friction material were obtained. After,
pin–on–disk tests were carried out in order to obtain a pressure and speed
dependent friction coefficient and, finally, friction damping was added to the
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model. In this section the cumulative effect of these modifications will be studied
— focusing in particular on the effect in stability and in correlation of each of
them.
4.5.1 Anisotropy of friction material
The friction material is an anisotropic material whose chemical composition and
material properties are unknown. It is known, however, that its elastic properties
vary with applied normal force and frequency, so different properties can be
obtained depending on the test used to that purpose [133]. Because of this reason
elastic properties were deduced from an Experimental Modal Analysis (EMA)
and a subsequent optimisation process, this way the elastic properties obtained
correspond to the frequency range where squeal occurs (1–20 kHz). This is also
the process that the SAEJ3013 standard [134] suggests.
Description of the tests
First of all, the test specimen was manufactured. It consisted in a 300 x 40
x 2mm steel base that functioned as a backplate and to which a segment of
friction material of the same dimensions but a thickness of 4mm was glued. The
steel base is necessary due to the damping of the friction material, if the EMA
analysis were carried out without it the level of the response obtained would not
be high enough for the results to be reliable.
A roving hammer test of the element in free conditions1 was performed impacting
in 48 points and measuring the response in the three directions in a single point
with a triaxial accelerometer (Figure 4.8).
Figure 4.8: Diagram of the roving hammer test. The axes mark the position of
the accelerometer and the arrow the impact direction
1The beam was supported by elastic bands in a metallic structure, as the beam was much
stiffer than the bands the hypothesis of free boundary conditions could be accepted.
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Simulation model
A FE model of the specimen was also developed. In the absence of more
appropriate properties, data for automotive brake pads from literature [135] was
used a starting point since the data provided by the manufacturer considered
the friction material isotropic (Table 4.2).
Table 4.2: Properties of the friction material according to the manufacturer and
from literature [135]
Manufacturer Literature
E 1.89GPa E1 12.75GPa
ν 0.3 E2 12.75GPa
E3 3.11GPa
ν12 = ν21 0.11
ν13 = ν23 0.09
ν32 = ν31 0.22
G13 = G23 2.81GPa
G12 4.45GPa
It is important to point out that the differences between elastic properties are
due to two facts:
• The composition of the friction materials used in automotive brakes is
different to the one of the materials for industrial applications.
• The data supplied by the manufacturer correspond to compression tests
while the ones from literature have been obtained from ultrasonic test.
Elastic moduli are higher at higher frequencies.
Therefore, values higher than the ones provided by the manufacturer but lower
than the ones from literature are expected.
Optimisation process
Once the simulation and experimental modes had been obtained, the optimisation
process started. It consisted in updating the elastic properties of the friction
material so as to improve the correlation between the experimental and simulation
data. To this end, for mode i with shape ϕ the following was sought:
|fi exp − fi sim| → 0 / i = 1, ..., n
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The software itself (Virtual Lab) modifies the properties until the two relationships
in Equation 4.2 are accomplished as well as possible for the selected modes, in
this case the first 6 bending modes and the first 6 torsional modes. After this
process, the properties presented in Table 4.3 are obtained.













It can be noticed that the typical approximation of orthotropy is reasonable,
since the behaviour of the material in the two direction in the plane is similar.
In fact, there is only a deviation of 10% in natural frequencies if the material is
considered orthotropic instead of anisotropic.
Finally, in Figure 4.9 the differences between the experimental natural frequen-
cies, the frequencies from simulation for both the initial values given by the
manufacturer and ones from literature, and the frequencies after the optimisation
are shown. The error was reduced from a 25% to a 5%.
Figure 4.9: Natural frequencies for different cases. The horizontal axis denotes
the type of mode: T, torsional; B, bending
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Effect in stability
First, the effect of taking into account the anisotropic elastic properties in
stability was studied. In Figure 4.10 the real parts of the complex eigenvalues in
the range of frequency from 1 kHz to 20 kHz are plotted for both the isotropic
case, using the values from the manufacturer, and the anisotropic case, using
the values after the optimisation. For most of the eigenvalues, the real parts are
bigger if anisotropy is considered, i.e. the system is more unstable. This means
that taking into account the anisotropy of the material can lead to the detection
of a unstable mode otherwise unnoticed.
Figure 4.10: Stability diagram with isotropic elastic properties from the manu-
facturer (blue crosses) and taking into account anisotropy (red circles)
Effect in correlation
Then, the frequencies of the unstable modes predicted after updating the elastic
properties were compared to the experimental squeal spectra (Figure 4.11). The
differences in frequencies are small since the proportion of friction material in
the system is little. Even though overprediction is not reduced, thanks to the
introduction of anisotropy some peaks that could not be identified in the simple
model could be detected.
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(a) (b)
(c)
Figure 4.11: Comparison between noise spectra from squeal tests and frequencies
of the unstable modes (vertical red lines) and adding anisotropy (vertical green
lines) for the three testing conditions (a) Low (b) Medium (c) High
4.5.2 Pressure and speed dependent friction coefficient
The next effect taken into account was the pressure and speed dependent friction
coefficient. First, the effect of its introduction in stability was studied and, then,
the differences in correlation were observed. In both cases the base case included
anisotropy.
Description of the tests
In order to obtain the pressure and speed dependent friction coefficient, pin–on–
disk test were carried out in the same tribometer used for the squeal tests. The
methodology consisted in a initial running-in to stabilise the properties of the
friction material followed by three consecutive tests under the same conditions.
68 CHAPTER 4. SQUEAL SIMULATION IN THE SIMPLE MODEL
The test conditions were the following:
• Speed: 46, 139, 231 y 462 rad/s that correspond to 0.1, 0.3, 0.5 y 1m/s
• Normal load: 154, 253, 505, 760 y 1014N that correspond to 1.22, 2, 4,
6 y 8MPa
This values were selected because they directly correspond to the normal force
and speed values in operation, either in the test performed in the tribometer or
in the real brake–clutch application.
The typical evolution in time of the variables measured in the pin–on–disk tests
is shown in Figure 4.12.
Figure 4.12: Typical evolution in time of the variables measured in the pin–on–
disk tests
From these signals the following parts were rejected:
– The normal force is zero, negative or its deviation from the mean value is
greater than the standard deviation
– The speed is zero, negative or its deviation from the mean value is greater
than the standard deviation
– The torque is zero, negative or its deviation from mean value is greater
than the standard deviation
From the processed data the mean friction coefficient for each test was computed.
As the values for the friction coefficient were similar for the test under the
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same conditions (Figure 4.13), the mean value for all the test under the same
conditions was computed.
(a) Friction coefficient vs normal load
(b) Friction coefficient vs rotation speed
Figure 4.13: Values of the mean friction coefficient for different conditions
Afterwards, the experimental data were fitted to a second grade polynomial for
the normal force and a third grade polynomial for the speed (Equation 4.3) that
represents the surface shown in Figure 4.14.
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µ(P, v) = c0 + c1P + c2v + c3P 2 + c4Pv + c5v2 + c6P 2v + c7Pv2 + c8v3 (4.3)
c0 = 0.4531 c1 = −1.425 · 10−4 c2 = 3.204 · 10−3 c3 = 1.042 · 10−7
c4 = −2.91 · 10−6 c5 = −1.47 · 10−5 c6 = 1.078 · 10−9 c7 = 1.95 · 10−9
c8 = 1.89 · 10−8
Figure 4.14: Fitting of the friction coefficient
This fitting was used to introduce a speed and pressure dependent friction
coefficient in the finite element model.
Introduction of pressure and speed dependent friction coefficient in
the EF model
As previously done for anisotropy, for the non constant friction coefficient both
the effect in stability and in correlation with the experimental results was studied.
The base case for the comparison are the results after the optimisation process
performed for the elastic properties.
In Figure 4.15 the eigenvalues obtained by CEA are shown for the constant
case of µ = 0.32 provided by the manufacturer and for the µ = µ(P, v) case,
specifically for the squeal tests in low force and speed conditions. In this case,
if the friction coefficient is considered constant for every force and speed, the
degree of instability of the system is underestimated. Exactly the same occurs
for the rest of the cases.
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Figure 4.15: Stability diagram with constant friction coefficient(blue crosses)
and pressure and speed dependent friction coefficient (red circles)
This happens because of the difference between the nominal pressure and the
real one: since the element deforms, the contact pressure is not uniform in the
whole surface, but the high pressure area (low friction coefficient) is located in
the internal side of the ring whereas the rest works under much lower pressure
(high friction coefficient) (Figure 4.16). This way, in most of the surface friction
coefficient has a value around 0.6, much higher than the value of 0.32 given by
the manufacturer (Table 4.4).
Figure 4.16: Pressure distribution for Test #1
Table 4.4: Pressure, speed and friction coefficient ranges for the three test types
Test #1 Test #2 Test #3
Pmin [MPa] 0.1 0.15 0.24
PMAX [MPa] 1.1 1.8 3
vmin [m/s] 0.14 0.25 0.31
vMAX [m/s] 0.21 0.38 0.46
µmin 0.59 0.55 0.44
µMAX 0.6 0.65 0.65
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On the other hand, the effect of the introduction of a variable friction coefficient
in the correlation was studied. As shown in Figure 4.17, overprediction is not
reduced but squeal frequencies are better fitted.
(a) (b)
(c)
Figure 4.17: Comparison between noise spectra from squeal tests and frequencies
of the unstable modes taking into account anisotropy (vertical red lines) and
adding variable friction coefficient (vertical green lines) for the three testing
conditions (a) Low (b) Medium (c) High
4.5.3 Friction damping
As explained in Section 2.3.1, there are two factors that help to reduce the
system’s response: the damping of the system itself, that comes from both the
material and the geometry, and friction damping. The second one was intro-
duced to the simulation since Abaqus takes it into account directly introducing
stabilising and destabilising terms in the damping matrix C. An explanation of
the introduction of friction damping in the finite element model can be found in
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Appendix A.
In Figure 4.18 it can be seen that the introduction of friction damping reduces
the real parts of the unstable modes, so it is useful for reducing instabilities.
Figure 4.18: Stability diagram without friction damping (blue crosses) and with
friction damping(red circles)
On the other hand, the effect of the addition of friction damping in overprediction
was studied. Since friction damping reduces the value of the real parts of the
eigenvalues, introducing it helps to predict more accurately squeal frequencies
(Figure 4.19).
4.5.4 Final model
To sum up, a comparison between the initial and the final model is presented
in this section. As seen in Figure 4.20, correlation has been improved whilst
overprediction has been reduced.
Two aspects should be highlighted regarding correlation between experimental
and simulation frequencies:
• Peaks that appear to be non detected are either:
– System modes
– Modes on the verge of instability
– Harmonics of unstable modes
• Simulation frequencies appear under experimental frequencies because of
less stiff boundary conditions in the simulation model — the moving part
was completely free to move vertically and rotate
Apart from the aforementioned details, it can be stated that the final model
represents accurately the behaviour of the experimental setup, being the max-
imum deviation in frequency of a simulation frequency to an experimental one
less than 4%.
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(a) (b)
(c)
Figure 4.19: Comparison between noise spectra from squeal tests and frequencies
of the unstable modes taking into account anisotropy and variable friction
coefficient (vertical red lines) and adding friction damping (vertical green lines)
for the three testing conditions (a) Low (b) Medium (c) High
4.6 Conclusions
This chapter describes the development of a simple model for brake–clutch squeal
prediction. The model is able to reproduce squeal without the drawback of the
complexity of a real system.
Regarding test results, several facts should be highlighted. The first one is the
good repetitiveness that squeal test in the experimental setup showed, the same
squeal frequencies appear for the same test conditions. As for the parameters
influencing squeal, among the parameters under study, normal force is the
decisive one as it sets squeal frequencies. Friction coefficient is also important,
since squeal only emerges if friction coefficient is higher than a threshold level
of 0.35. Finally, attention should be called to the fact that squeal is related
to a drop in torque and an increase in normal force oscillation, which suggests
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sprag–slip as the triggering mechanism for mode coupling and, thus, squeal.
As for simulation, fair correlation between experimental and simulation results
was obtained, even with the most simple simulation model, squeal frequencies
could be predicted with an error lower than 10%. The degree of correlation
can be improved to a maximum deviation of 4% by adding more complexity to
the model. This implies that the methodology followed for automotive brake
squeal can be extended for brake–clutch squeal, which was not obvious at the
first stages of this work.
With the idea of reducing overprediction, anisotropic properties for the friction
material, pressure and speed dependent friction coefficient and friction damping
were introduced to the system. It was found that taking anisotropy into account
can make the difference between detecting an unstable mode or not.
Using a pressure and speed dependent friction coefficient the distribution of
pressure on the surface is considered and, as most of the surface is under low
pressure due to deformation, friction coefficient is much higher than expected,
so the system is much more unstable than anticipated.
Last, the effect of friction damping was studied. It is useful to reduce overpredic-
tion as it takes down the real parts of the eigenvalues, moving modes that were
previously thought as unstable to the stable zone.
As a general conclusion, it can be stated that friction coefficient is a determinant
parameter in the stability of the system. This is because the effect of friction
coefficient in squeal is twofold: on the one hand, it is the parameter that
determines whether a mode will be unstable or not in CEA; on the other, the
most helpful effect to reduce overprediction in the system is the introduction of
friction damping.




Figure 4.20: Comparison between prediction of the original FE model (left) and
the model with added complexity (right) for the three test conditions:(a)–(b)





This chapter is dedicated to the description of the structural modification
conducted in the simple brake–clutch model with the aim of suppressing squeal
noise.
A novel methodology for deciding over point structural modifications was explored.
This was achieved using the receptance function with the idea of being able
to compute the value of a point modification for a existing squealing system.
The methodology used is described and applied to suppress squeal in the simple
brake–clutch model.
5.2 The receptance method for squeal suppres-
sion
After identifying the squeal frequency, a receptance-based inverse dynamic
method was explored to determine a point structural modification for squeal
suppression. Two possibilities were analysed: a point mass modification and
a ground connected spring modification. In the case of the simple model, the
additon of either a point mass or spring to the fixed part implies fixing the
position of the nodal lines and separating the frequencies of the doublet mode
[131]. With this in mind, a point in the periphery of the fixed part (point A
in Figure 5.1) was selected and the needed mass or stiffness for shifting the
frequency of the mode with an antinode in the position A was computed. The
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idea underneath is to obtain enough separation between the frequencies of the
two modes so as to avoid mode coupling due to friction.
Figure 5.1: Position of the point structural modification
The amount of mass or stiffness was determined using the receptance similarly
to the method proposed by Ouyang in [112] for structural modifications. The
procedure is formulated below. The key is to express the receptance of the
modified system by means of the receptance of the original system.
The equation of motion of the modified system in the Laplace domain can be
written as follows:
[
(M + ∆M)s2 + Cs+ (K + ∆K)
]
X(s) = 0 (5.1)
where M, C and K are the mass, damping and stiffness matrices of the original
system; X is the Laplace transform of the the nodal displacement vector of
the system; ∆M and ∆K are respectively the modifications to the mass and
stiffness matrices.
Taking into account that the receptance matrix is defined as H(s) = (Ms2 +
Cs+ K)−1, then Equation 5.5 can be rewritten as:
[
I + H(s)(∆Ms2 + ∆K)
]
X(s) = 0 (5.2)
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where ei is a vector whose elements are zero except the ith element that is 1
and corresponds to the degree of freedom affected by the point modification and
∆mi is the ith added point mass.





where ∆ki is the ith added grounded spring.














X(s) = 0 (5.5)












If a mass modification is conducted at a degree–of–freedom A, Equation 5.6
becomes:
∣∣∣∣∣∣∣∣∣∣∣∣∣∣
1 0 · · · 0 s2h1A∆m 0 · · · 0














0 0 · · · 0 s2hnA∆m 0 · · · 1
∣∣∣∣∣∣∣∣∣∣∣∣∣∣
= 0 (5.7)
from where the needed point mass for shifting an existing natural frequency to a
desired one ωh can be computed as:
∆m = − 1
s2 hAA(ωh)
(5.8)
Similarly, the needed ground connected spring will be:
∆k = − 1
hAA(ωh)
(5.9)
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where hAA(ωh) stands for the point receptance at the degree–of–freedom A for
the desired frequency.
In the case under study, simulation receptances were used as they already include
the effect of friction in the stiffness matrix [113]. The process for computing them
was equivalent to the one used for complex modes in Chapter 4 but substituting
the two last steps of the simulation with the computation of the response to an
impulse force in the frequency domain:
1. Nonlinear static analysis for applying pressure and establish the contact
area
2. Nonlinear static analysis to impose rotational speed on the disk so that
friction is developed on the contact interface
3. Direct steady state analysis to compute the response of the system in the
frequency domain when a impulse force is applied. The previous two steps
make it possible to include the effect of contact and friction in the response.
The complete process is shown in Figure 5.2. It consists in an iterative method,
first selecting a possible point for the structural modification, then, computing
the receptance at this point for the desired frequency and, finally, obtaining the
needed value for either mass or stiffness. This modification should be applied to
the finite element model so as to study the stability of the modified system: if it
is stable the process is finished; if it is not, a different frequency or point has to
be selected and the process starts again.
The main limitation of this method is choosing the ωh frequency as it is not
possible to know in advance how much separation in frequency between two
eigenvalues is needed for the modes not to couple when friction is applied. This
implies that several iterations must be performed until the required frequency
shift is achieved.
5.3. PROPOSED METHODOLOGY 81







Compute needed Δm or 










Figure 5.2: Process for computing a point structural modification to stabilise
the system
5.3 Proposed methodology
In view of the above, the following methodology was proposed to suppress squeal
in the simple model to avoid iteration when assigning frequencies:
1. Select a point for the point structural modification
2. Compute the receptance around the squealing frequency
3. Use Equation 5.8 and Equation 5.9 to compute the needed mass or stiffness
to assign each frequency in the range
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4. Perform a parametric study to check the effect of the modification in the
stability of the system
5. Decide over the value of the point modification





Compute Δm or Δk 
in f range
Parametric study 





Figure 5.3: Proposed methodology for squeal suppression
For the practical implementation of this methodology see Appendix C.
5.4 Case study
The test with the lowest conditions was selected (see Section 4.3.1) as a case
study as it presented the fewer squeal frequencies. The study focused in the first
squeal frequency that occurred at 7.5 kHz and corresponded to the simulation
mode that has six nodal diameters and a frequency of 7.4 kHz (Figure 5.4).
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Figure 5.4: Shape of the unstable squealing mode
Receptance was computed in the vicinity of the squealing mode, from 7 kHz to
8 kHz, and using Equation 5.8 and Equation 5.9 the amount of mass or stiffness
needed to assign a frequency in the range was obtained (Figure 5.5).
(a) Needed mass
(b) Needed stiffness
Figure 5.5: Needed point modification to assign a certain frequency
The imaginary part of the mass or stiffness modification was neglected for both
options because in this case it represents the amount of negative damping needed
to shift the eigenvalue along the real axis of the complex plane [109], as only
frequency and not real part of the eigenvalue had been assigned.
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Once the range of the parameters was obtained, two parametric studies were
performed to check the effect of the modifications in complex modes: one for the
case of adding a single point mass shown in Figure 5.6 (a) and the other for the
case of adding a ground connected spring shown in Figure 5.6 (b). In this case,
a point mass cannot be used to avoid coupling since it causes another unstable
mode to appear. The addition of a ground connected spring, by contrast, seamed
to be able to uncouple the doublet mode.
(a) Stability diagram for different values of mass (0 – 8g)
(b) Stability diagram for different values of stiffness (0 – 3·107N/m)
Figure 5.6: Stability diagrams from the parametric studies. The arrows show the
evolution of the eigenvalue in the complex plane when increasing the parameter
under study
According to the simulation, a k value greater than 1000N/mm is enough to
suppress squeal, but adding such a small value of stiffness is challenging from
the point of view of design. With this in mind, a stiffness value of approximately
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7000N/mm was selected for the ground connected spring since such a value did
not cause other modes to coalesce to result in a new unstable mode.
The desired value of stiffness was accomplished by means of a 0.8 mm diameter
steel wire of length of 14.6mm, that added 6890N/mm to the system. The setup
is shown in Figure 5.7 and simply consists in a support for the steel wire. This
tool was firmly fixed to the structure of the tribometer, which in this case serves
as the ground. The steel wire could be preloaded by tightening the screw on
top so it was also effective under compression. The damping introduced to the
experimental system by this tool was not taken into account.
Figure 5.7: Setup including a ground connected spring
This value of stiffness separates the doublet mode at 7.4 kHz into two different
modes, one at 7.4 kHz and the other at 7.58 kHz. The mode with lower frequency
stays at 7.4 kHz since for this mode the spring is located on a nodal line. This
happens because introducing a perturbation to an axisymmetric system fixes the
position of the nodal lines. The aforementioned effect can be seen in Figure 5.8
where simulation FRFs in point B with and without the ground connected spring
are shown. For both cases an impulse force was applied in point B and the
response was computed also in point B.
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Figure 5.8: Comparison of the FRFs in point B with and without the added
ground connected spring
Squeal tests were repeated on the modified system. As expected, the addition
of the spring to the system caused the squeal to disappear and its removal
(t=3232 s) took squeal back as it can be seen in the spectrogram in Figure 5.9.
Figure 5.9: Spectrogram of squeal test with added ground connected spring.
If the spectra before and after the addition of the spring are compared (Fig-
ure 5.10) a difference greater than 50 dB in sound pressure can be noticed.
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Figure 5.10: Spectra for the case with and without the added spring
5.5 Conclusions
In this chapter a methodology for squeal suppression in the brake–clutch simple
model is proposed and applied in the experimental setup. The methodology is
based in simulation receptances including contact and obtains the needed point
mass or ground connected spring that should be added in a specific point in
order to uncouple modes.
Using this method the needed ground connected spring to suppress squeal in
the simple model was computed and experimentally tested with the outcome of
eliminating actual squeal noise.
This work is thought to be the first one to suppress squeal in a using a theoretically
derived structural modification.




Once the simple model had been designed and studied, the analysis of the real
system started. The same process followed for the simple model was adopted for
the brake–clutch. First, a finite element model was created and its validity was
checked in two steps: the natural frequencies and mode shapes obtained from
EMA were compared with simulation results and, after, experimental squeal
frequencies and frequencies of unstable modes from CEA were compared. The
real brake–clutch model includes anisotropic properties for the friction material
and friction damping.
In summary, this chapter covers the creation and validation process of a simula-
tion model for squeal prediction for a real brake–clutch system.
6.2 Description of the model
In this section the finite element developed for the real brake–clutch will be
described. For the brake–clutch model anisotropic material properties for the
friction material and friction damping. Below the main features of the FE model
will be addressed.
Boundary conditions and joints
The boundary conditions and joints can be condensed in the three following
points:
• The two covers are tied together and to the axis
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• The rotor can move along and around the axis
• The lining–holders in either side1 are clamped to each correspondent
support
These interactions may be better understood if the schematic in Figure 6.4 is
considered.
Contact
As done for the simple model, the tangential behaviour was modelled with the
Penalty method and the normal behaviour with the Hard Contact option allowing
separation. For all the contact interactions the surface made of friction material
was the slave surface and brake or clutch cover, both of the made of cast iron,
the master surface.
Unlike the rest of the factors, for contact simulation in the real model the
constant friction coefficient of µ = 0.32 given by the manufacturer had to be
used because the limitations of the pin–on–disk setup for the low pressure range
(under 1MPa) did not permit to have a more accurate value. Anyway, as seen in
Section 4.5.2, even though the inclusion of a speed and pressure depend friction
coefficient results in a better prediction, the results do not differ too much from
the ones obtained using a constant friction coefficient.
The contact areas for the elements involved in the clutch–engagement manoeuvre
are shown in Figure 6.1 and the ones for the braking manoeuvre are shown in
Figure 6.2.
(a) (b) (c)
Figure 6.1: Contact in clutch–engagement simulation (a) Contact area in rotor
(b) Contact area in the lining–holder, only one side is shown but contact happens
equally in both sides (c) Contact area in the clutch side cover
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(a) (b) (c)
Figure 6.2: Contact in braking simulation (a) Contact area in rotor (b) Contact
area in the lining–holder, only one side is shown but contact happens equally in
both sides (c) Contact area in the brake side cover
Spring modelling
The springs that serve the purpose of braking were modelled as an applying an
uniform pressure in the areas shown in Figure 6.3. This pressure was computed
using the springs’ data:
• k = 42.5N/mm
• L = 87mm
• D = 28mm
Taking into account that the space for the spring has 62.3mm in length, the
exerted force will be:
F = k∆L = 42.5 · (87− 62.5) = 1041.25 N
Dividing it by the area of the circle where the springs are based gives:
P = F
A
= 1.691 · 106 Pa
Element type and number of DOF
In this case, unlike the simple model, quadratic tetrahedra elements were used
because the difficulty of meshing such a complex geometry with incompatible
mode hexaedra. The model has 1,941,501 degrees of freedom.
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Figure 6.3: Position of the springs in the rotor
The main features of the simulation of both manoeuvres are summarised in
Figure 6.4.
Figure 6.4: Brake–clutch simulation schematic (a) Braking manoeuvre (b) Clutch–
engagement manoeuvre
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6.2.1 Validation
In order to validate the accuracy of the mesh, the vibration modes of the com-
ponents were obtained experimentally and then compared to the ones computed
via finite element simulation. Good correlation was attained both for the mode
shape and frequency since the mean error is 6% and a fair amount of modes show
a MAC value higher than 0.75. The results of the EMA tests are summarised in
Table 6.1 but a more detailed description can be found in Appendix B.















Lining–holder 18 3 1.8
This degree of correlation implies that the elastic properties were properly
characterised and that the mesh of the simulation model is acceptable.
6.3 Squeal simulation
The process for squeal simulation in the brake–clutch was equivalent to the
one used for the simple model (see Section 4.2). Only the differences will be
addressed below.
The process for the computation of complex modes is divided into four steps:
1. Application of force: for the clutch–engagement manoeuvre, a pressure
is applied in the pressure chamber in order to simulate the pneumatic
pressure; for the braking manoeuvre, the force exerted by the springs is
applied in the areas described in Section 6.2.
2. Application of rotation speed: a rotation speed of 800 rpm is applied to the
rotor. The requirement is to have a relative rotation speed between the
components and applying it to the rotor is the simplest approach.
1For the clutch side cover MAC was not computed because even if correlation was good
regarding frequency, it was not possible to successfully correlate the mode shape due to the
complexity. In this case this number represents the number of simulation modes that had a
error in frequency lower than the maximum error.
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3. Computation of normal modes: the normal modes in the 1–20 kHz frequency
range are computed.
4. Computation of complex modes: the complex modes in the 1–20 kHz
frequency range are computed to determine the possible instabilities.
After performing the CEA computation the complex modes shown in Figure 6.5
were obtained. It can be seen that the number of unstable complex modes is
high specially in around 4000Hz.
(a)
(b)
Figure 6.5: CEA for the brake–clutch system (a) Clutch–engagement (b) Braking
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6.4 Experimental tests
Once the simulation model was finished, some experimental tests were carried
out with the objective of checking the ability of the model to predict the squeal
frequencies. In this section the test bench and the results will be described.
6.4.1 Test bench setup
The test rig simulates the typical application for a brake–clutch: a punch press.
It consist in a brake–clutch with its brake side lining–holder attached to a fixed
structure and its clutch side lining–holder connected to a flywheel (Figure 6.6).
It is equipped with different flywheels in order to reproduce different inertias.
Figure 6.6: Test bench including sensors
The test bench has integrated sensors for applied pneumatic pressure and rotating
speed. Apart from these two measurements, sound pressure in radial and axial
direction and vibration in the rotor in the out–of–plane direction were measured.
Vibration in the rotor was measured using a laser vibrometer through a purpose–
built hole in the brake side cover and lining–holder. All these characteristics
appear in Figure 6.7.
Tests were performed at a rotation speed of 800 rpm. Each test consist in a
series of alternating braking and clutch–engagement manoeuvres lasting around
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Figure 6.7: Test bench schematic showing sensor position
1 minute total. An example of a typical measurement is shown in Figure 6.8.
6.4.2 Experimental results
The first thing that stands out in the experimental results is that for both
cases squeal happens at the beginning of the manoeuvre, when the pressure and
rotation speed conditions are changing. Once the working conditions reach a
constant value, squeal disappears. This effect can be clearly seen in the sample
squeal test in Figure 6.8 and can be confirmed if Figure 6.9 is considered, in which
the spectrogram of the sound pressure signal for a full working cycle comprising
a clutch–engagement and a braking manoeuvre is shown. This phenomenon
reveals the relationship of brake–clutch squeal with transient conditions.
From now on the two manoeuvres will be addressed separately.
Clutch–engagement manoeuvre
In Figure 6.10 the signals obtained in a typical clutch–engagement manoeuvre
are presented. It can be seen that in this manoeuvre squeal has transient nature,
since it appears during the phase were operation conditions change.
If the noise spectra is considered, little difference can be noticed between the
axial and the radial microphone signals, both having a main peak at 4.1 kHz and
its harmonics (Figure 6.11)
The same information can be extracted from the laser signal so it is not added
here.
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Figure 6.8: Sample squeal test
Figure 6.9: Spectrogram of a working cycle containing a manoeuvre of each type
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Figure 6.10: Signals measured during clutch–engagement. It can be seen that
squeal presents transient nature
Figure 6.11: Spectra in axial and radial microphones for clutch–engagement
manoeuvre
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Braking manoeuvre
The braking manoeuvre also presents tranisent nature (Figure 6.12) for the
reason mentioned above.
Figure 6.12: Signals measured during clutch–engagement. It can be seen that
squeal presents transient nature
In this case the noise spectra do not show a prevailing frequency but some peaks
distributed along the measured range. The spectra are more complex, but there
is a main peak at 4.2 kHz (Figure 6.13), near to the squeal frequency in clutch–
engagement manoeuvre. In addition, the noise level in this case is much lower
than for clutch–engagement.
Figure 6.13: Spectra in axial and radial microphones for braking manoeuvre
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6.5 Comparison of simulation results with ex-
perimental data
In this section the frequencies of the unstable modes obtained in CEA will be
compared to the squeal frequencies in the tests.
As previously seen, the brake–clutch has several unstable modes for both man-
oeuvres, so in this case a Squeal Index [136,137] was used to discard some
unstable modes. Squeal Index is defined as:
SI = Re(λ)Im(λ)
The unstable modes with and SI < 1% (Figure 6.14) are discarded. The high level
of overprediction is probably related not only to the impossibility to correctly
measure the friction coeffient in the pin–on–disk setup but also to the rest of
the simplifications in the modelling process such as the exclusion of material
damping.
6.5. SIMULATION RESULTS VS EXPERIMENTAL DATA 101
(a)
(b)
Figure 6.14: Squeal index applied to CEA results (a) Clutch–engagement (b)
Braking
6.5.1 Clutch–engagement manoeuvre
This manoeuvre shows a single squeal frequency that is properly predicted by
the CEA but there is some overprediction even after applying the Squeal Index
(Figure 6.15).
Experimental squeal occurs at 4100Hz whilst the closest unstable simulation
mode has a frequency of 4076Hz, which means that the deviation in frequency
from the experimental squeal frequency is 0.58% (Figure 6.15). This mode is
shown in Figure 6.19 where it can be seen that mainly the clutch side cover and
the rotor participate the most in the movement.
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Figure 6.15: Comparison between noise spectrum and CEA for the brake–clutch
in clutch–engagement manoeuvre
(a) (b) (c)
Figure 6.16: Squealing mode for the clutch–engagement manoeuvre showing the
movement of (a) the complete system, (b) the clutch side cover alone and (b)
the rotor alone
The squealing mode for the clutch–engagement manoeuvre is a combination of a
mode of the clutch side cover together with a mode of the rotor. The cover’s
mode has two nodal lines and a nodal circumference and occurs at 4139.3Hz.
The rotor’s mode has four nodal lines and occurs at 4347.6Hz. Both modes are
shown in Figure 6.17
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(a) (b)
Figure 6.17: The squealing mode corresponds to (a) the (4,0) mode of the rotor
together with (b) the (2,1) mode of the cover. Where (a, b) denotes the number
of nodal lines and nodal circumferences
6.5.2 Braking manoeuvre
In this case the results are similar to the clutch–engagement manoeuvre, the
main squeal frequency is predicted but not so accurately as in the previous case.
Experimental squeal occurs at 4288Hz whilst the closest unstable simulation
mode has a frequency of 4558Hz, which means that the deviation in frequency
from the experimental squeal frequency is 6.3% which in any case is not a high
error (Figure 6.18). The shape of the unstable mode identified as the squealing
mode is shown in Figure 6.19 where it can be seen that mainly the brake side
cover and the rotor are involved in the movement.
(a) (b) (c)
Figure 6.19: Squealing mode for the braking manoeuvre showing the movement
of (a) the complete system, (b) the brake side cover alone and (b) the rotor alone
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Figure 6.18: Comparison between noise spectrum and CEA for the brake–clutch
in braking manoeuvre
The squealing mode for the braking manoeuvre is a combination of a mode of
the brake side cover together with a mode of the rotor. The cover’s mode has
two nodal lines and a nodal circumference and occurs at 4445.3Hz. The rotor’s
mode has the same shape but occurs at 4843.7Hz. Both modes are shown in
Figure 6.20
(a) (b)
Figure 6.20: The squealing mode corresponds to (a) the (2,1) mode of the rotor
together with (b) the (2,1) mode of the cover. Where (a, b) denotes the number
of nodal lines and nodal circumferences
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6.6 Conclusions
In this chapter the development and later validation of a finite element model
for brake–clutch squeal prediction has been described. When developing the FE
model, the insight gained in Chapter 4 was used to ease the modelling process
of the real brake–clutch system, so the material properties previously obtained
and friction damping were introduced to the model directly. Mesh validation
was done by means of comparing simulation modes with EMA results, as well.
After the model had been created, experimental test were performed in a brake–
clutch in a test bench and the experimental squeal frequencies were compared
to the frequency of the unstable complex modes computed.
To achieve acceptable correlation a Squeal Index was used in the simulation model
so as to reduce the level of overprediction, this overprediction if probably related
to the failure to characterise properly the friction coefficient in the low pressure
range due to limitations in the pin–on–disk setup and to the simplifications
inherent to a modelling process.
In any case, after setting the SI to 1% and disregarding the unstable modes below
this value, it was possible to reach a fair correlation between predicted squeal
frequencies and measured ones, since maximum frequency deviation was 6.3%
for the braking manoeuvre and 0.58% for the clutch–engagement manoeuvre.





In this chapter the methodology for structural modification described in Chapter
5 will be applied to the case of the real brake–clutch. As done for the simple
model, simulation receptances will be used to compute the amount of mass or
stiffness needed to prevent the appearance of the unstable squealing mode.
7.2 Receptance-based point structural modific-
ations
In this section the use of the receptance function for the computation of the
needed structural modification in the real system is presented. Both the cases of
the addition of mass and stiffness are explored.
Being the clutch–engagement manoeuvre the most noisy one and taking into
account that once the process is understood it can be applied to any structure,
the clutch–engagement manoeuvre was taken as the working case.
7.2.1 Balanced mass
For the performance of the brake–clutch to be correct, it is necessary to keep
the system balanced. The degree of balance needed for the application is 6.3,
meaning that supposing the system to be perfectly balanced before the addition
of the point mass, the maximum amount of mass that can be added to the
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periphery of the brake–clutch is less than 30 g, a negligible value for a system
that has a total weight of around 70 kg.
For this reason it is not possible to add a single mass to modify the natural
frequencies of the system. Therefore, the methodology presented in Chapter
5 has to be accordingly modified to preserve balance whilst shifting the mode
involved in squeal.
Taking as a start point Equation 5.6 and reducing the determinant for the case
that a balanced mass modification is applied, yields the following equation:









]∣∣∣∣ = 0 (7.1)
Which can also be represented as:
s4 det(H) ∆m2 + s2 tr(H) ∆m+ 1 = 0 (7.2)
that, as a second degree equation, has two different results.
Returning to the real system, points A and B in the clutch side cover were
selected as the location for the balanced point masses (Figure 7.1).
Figure 7.1: Position of the balanced masses in the clutch side cover of the
brake–clutch
There were two reasons for this decision:
• Because of the shape of the mode (see Figure 6.16), the points at the
periphery have a greater response, so a point mass added here will have
more effect
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• The cover is easily accessible and does not interact with other elements so
making a modification in it does not alter the system
Applying Equation 7.2 for the clutch engagement manoeuvre in the vicinity of
the squealing frequency (4050–4170Hz) and using simulation receptances from
points A and B results in Figure 7.2, where for each frequency the greater value
of mass obtained from Equation 7.2 has been represented in blue and the lower
in orange.
Figure 7.2: Needed balanced mass in frequency
Once the range of the needed balanced mass was computed, a parametric study
of the effect of this mass was performed, with the mass ranging from 10 g to
70 g in 10 steps. If instead of the real part the Squeal Index is plotted it can be
determined the amount of mass to add in order to reduce the squeal propensity
under the threshold of 1%. As shown in Figure 7.3, adding two balanced masses
of 23 g or more is possible to stabilise the system. Care should be taken not to
create a new unstable eigenvalue, for example, the eigenvalue at 4400Hz gets
more unstable with the addition of mass and adding 70 g nearly destabilises the
system.
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Figure 7.3: Parametric study of the effect of the added masses
7.2.2 Spring between two degrees of freedom
Another possibility is to add a spring between two degrees of freedom i and j.
In this case, the modification affects four positions in the stiffness matrix of the



















Where ep stands for a unitary vector with zeros in every position except for
position p.












X(s) = 0 (7.5)
For this equation to have a solution the determinant of the leftmost matrix must
be equal to zero:
∣∣I + H(s)k (eieᵀi + ejeᵀj − eieᵀj − ejeᵀi )∣∣ = 0 (7.6)
Reducing the determinant to is simplest form gives:
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∣∣∣∣ 1 + k (hii − hij) k (hij − hii)k (hji − hjj) 1 + k (hjj − hji)
∣∣∣∣ = 0 (7.7)
That solving for k and taking into account that hij = hji yields:
k = −1
hii + hjj − 2hij
(7.8)
This procedure was followed in two different ways:
• Adding a spring between two ribs
• Adding a spring connecting the two covers
The computations and results of these two approaches are described in the
following two sections.
Spring between two ribs
The first idea was connecting two ribs in the clutch side cover by a spring
(Figure 7.4). The value of the spring was computed using Equation 7.8, the
result is shown in Figure 7.5. It is worth noticing the small range of positive
stiffness available due to the high number of modes in the frequency range —
each zero crossing represents a natural frequency.
Figure 7.4: Position of the spring in the clutch side cover
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Figure 7.5: Needed stiffness for the spring in frequency
Once the range of the needed stiffness was computed a parametric study was
performed with the stiffness ranging from 106 to 8 · 106 N/m. As shown in
Figure 7.6 the effect of this spring is nearly negligible, presumably because the
squealing mode is an out–of–plane mode.
Figure 7.6: Parametric study of the effect of the added spring
Spring connecting two covers
The second idea was connecting the two covers with a spring so as to affect more
the out–of–plane direction of the mode (Figure 7.7). As in the previous cases,
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the needed stiffness value was computed using Equation 7.8 and the results are
plotted in Figure 7.8.
Figure 7.7: Spring connecting the two covers
Figure 7.8: Needed stiffness for the spring in frequency
The value of the stiffness in the parametric study for this case ranged from 106
to 4.4 · 106 N/m. The evolution of the Squeal Index with frequency is shown in
Figure 7.9, in this case the effect is bigger but it is not still possible to take the
squealing eigenvalue under the threshold of 1%.
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Figure 7.9: Parametric study of the effect of the added spring
7.3 Conclusions
In this chapter the receptance method has been extended and applied to propose
structural modifications for suppressing squeal in a real brake–clutch. Two
options were considered:
• Balanced point masses
• A spring connecting two points
Thanks to the receptance function the value of the modification to avoid mode
coupling was computed. Then, its effect in the complex modes of the brake–clutch
was analysed.
For the case of the balanced mass it was possible to reduce the real parts of the
eigenvalue of the squealing mode under the threshold of 1% by the addition of
two balanced masses of 23 g each.
For the case of the spring, neither the two possibilities studied were able to reduce
the real part of the squealing eigenvalue enough due to the specific features of
the mode under study.
To sum up, this chapter offers insight into the different possibilities to modify a
brake–clutch to eliminate squeal noise. This methodology is useful to determ-





The present work consists in the description of the process from a simple model for
gaining insight into brake–clutch squeal to the proposal of a design modification
for squeal suppression in a real system.
The first step was designing the simple model itself which was based on a
commercial tribometer to take advantage of its integrated measuring system and
control.
The analysis in the simple model comprised an experimental and a simulation part.
On the experimental side, squeal tests were performed and squeal frequencies
identified. On the simulation side, unstable modes were computed by means of
Complex Eigenvalue Analysis. To improve the correlation between simulation
and experimental squeal frequencies the friction material was characterised: its
elastic properties and friction coefficient as a function of speed and pressure
were obtained. This point is important since, generally, the friction material is
assumed to be isotropic and friction coefficient constant whilst in reality neither
of these assumptions are strictly right.
This simple model was useful to check the validity of CEA as a tool for brake–
clutch squeal prediction (Objective 1) and to confirm that the mechanism
responsible for brake–clutch squeal is mode coupling (Objective 2), neither of
which were evident at the beginning of the work. These two conclusions were
further reinforced in Chapter 6 when the simulation and experimental results
for the real system were compared with good correlation.
In addition, the effect in squeal of operation conditions (normal force and
rotation) and system properties (friction coefficient, material properties and
damping) was examined (Objective 4). Regarding operation conditions the
following conclusions were drawn:
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• The most influential parameter in squeal is the normal force, since it sets
the squeal frequencies.
• There is a friction coefficient threshold under which squeal rarely occurs.
This threshold is different depending on the normal force applied.
• Squeal appears when torque drops and normal force oscillation increases.
• Modulation in squeal noise is cyclic being its period related to the rotation
speed.
Regarding stability it can be said that:
• The most influential parameter in stability is the friction coefficient as it
determines the value of excitation and the amount of damping introduced
to the system.
• Proper material properties for the friction material should be included in
the model to correctly predict the unstable frequencies.
Once the model had been developed and validated, the effect of point structural
modifications in squeal appearance was studied (Objective 3). A methodology
for the computation of the needed design modification for squeal suppression
was proposed. It comprises the following steps:
1. Prepare a finite element model with a fair correlation to experimental data
2. Choose the points for the structural modification.
3. Compute the required point receptances in a frequency range around the
squeal frequency
4. Solve the equation (or system of equations) for the case under study and
select the appropiate value for the modification
5. Drop the imaginary value of the modification as the eigenvalue is moving
along the real axis
6. Perform a parametric Complex Eigenvalue Analysis with the added modi-
fication to determine the effect of the modification in the unstable modes
This methodology can be adapted to the case with one or several point masses
or ground connected springs or to the case in which two degrees of freedom are
connected with a spring.
After analysing squeal generation and suppression in the simple model, squeal in
the real model was tackled. First, a finite element model of a real brake–clutch
was developed and the squeal frequencies were identified, thus confirming that
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the methodology used is appropriate for the application (Objective 5). Care
should be taken when using material properties or friction coefficient values from
the automotive industry (or other).
A Squeal Index may be applied to the simulation results if overprediction is too
high. This is related to the axisymmetry of the system and may be reduced with
the introduction of asymmetry to the system.
Then, having the FE model validated, several options for structural modifications
were proposed (Objective 6) including balanced mass and a spring between two
points. The methodology proposed in Chapter 5 was proved to be a useful tool
when deciding if a structural modification is able to stabilise the system before
producing a prototype and performing experiments. In fact, the validity of a
balanced mass modification for squeal suppression was theoretically proved.
8.2 Main contributions and publications
The main contributions of the present work and the related publications are
listed below:
• Development of a tribometer-based simple model of a brake–clutch for
squeal prediction. Published in On the development of a simple model of a
brake–clutch for squeal prediction. Zarraga, O.; Abete, J. M.; Ulacia, I.;
Zabala, B.; Uzkudun, O. EuroBrake 2014 Conference Proceedings. Lille.
13–15 May, 2014
• Squeal suppression by structural modification in the simple model based
on the receptance function. Receptance based structural modification in a
simple brake–clutch model for squeal noise suppression Ondiz Zarraga; Ibai
Ulacia; José Manuel Abete; Huajiang Ouyang. 2016 (Under review)
• Development of a FE model of a brake–clutch and validation by exper-
imental squeal measurements. The part about the experimental squeal
measurements was published in Analysis of the Vibration Phenomena in
Brake–Clutches. Experimental Measurement of Squeal. Zarraga, O.; Abete,
J. M.; Galfarsoro, U.; Mondragon, M.; Uzkudun, O.; Ulacia, I. EuroBrake
2013 Conference Proceedings. Dresden. 2013
• Theoretical validation of possible structural modifications for brake–clutch
squeal suppression.
8.3 Recommendations for future work
The following suggestions for future work are made in order to advance a step
further in the understanding of brake–clutch squeal:
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• An automated process for testing the structural modifications could be
designed so that the most favourable position for the modification could
be selected beforehand. With this in mind, the procedure described in
Chapter 5 could be extended to include several alternative points and to
create a response surface comprising them all.
• The friction coefficient under low pressure conditions should be better
measured avoiding the high dispersion found in the pin–on–disk tests
performed for this work. This would probably require the design of a
specific methodology and specimens for the tests.
• The theoretical modifications proposed for the brake–clutch should be
tested experimentally. The design should be as simple as possible for
the hypothesis of mass or stiffness point modification to continue being
acceptable. The differences derived from manufacturing should be taken
into account since a modification that is not robust enough could be
overridden by the deviation introduced in during production.
• The modelling of the point modification can be improved by taking into
account the amount of damping introduced to the system. This damping




Giving that Coulomb’s friction in defined as:














where γ̇ is the sliding velocity, P the contact pressure and µ = µ(γ̇, P ) the
sliding speed and pressure dependent friction coefficient.
In an area dA the shear stress is:
τ = µP γ̇
γ̇
(A.2)









/ i = 1, 2
119



























The first term represents the contribution to the stiffness matrix K and the
second one the contribution to the damping matrix C.









































t1P (t1dγ̇1 + t2dγ̇2)+
µP
γ̇
(dγ̇1− t1(t1dγ̇1 + t2dγ̇2))
The same process can be followed for the τ2 component. Both terms can be













(δij − titj)dγ̇j (A.5)
where:
• The first term represents the effect of friction in the stiffness matrix K, it
makes the matrix asymmetric.
• The second term represents the effect of having a speed dependent friction
coeficient, if the slope of the µ – γ̇ curve is negative, negative damping
appears.
• The third term represents friction damping, the positive contribution to
the damping matrix C. This damping depends on the contact pressure P
and on the inverse of the sliding speed 1γ̇
Appendix B
EMA of the brake–clutch
components
This appendix serves as a summary of the EMA tests performed in the com-
ponents of the brake–clutch: the rotor, the brake side cover, the clutch side
cover and the lining–holder. All the tests were roving hammer tests keeping
the triaxial accelerometer in a single position and hitting with the hammer in
perpendicular direction in the rest of the point.
B.1 Rotor
Measurements were taken with the accelerometer in point 1 in three concentric
circumferences measuring in 24 points in each (Figure B.1).
Figure B.1: Measurement points in the rotor
The MAC matrix comparing the simulation modes with the experimental ones
is shown in Figure B.2 and the modes with higher MAC values are gathered in
Table B.1.
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Table B.1: Experimental and simulation frequency comparison for the rotor
Simulation f [Hz] Experimental f [Hz] MAC Error[%]
430 417.6 0.81 2.88
431.2 417.7 0.844 3.13
990.5 965.7 0.765 2.50
1010.6 974.4 0.868 3.58
1391.5 1365.7 0.929 1.85
3320.2 3242.8 0.884 2.33
3607.6 3522 0.864 2.37
3610.3 3523.7 0.85 2.40
4644.4 4621 0.729 0.50
4646.1 4620 0.75 0.56
B.2 Brake side cover
Measurements were taken with the accelerometer in point 1 in three concentric
circumferences measuring in 24 points in each (Figure B.3).
Figure B.3: Measurement points in the brake side cover
The MAC matrix comparing the simulation modes with the experimental ones
is shown in Figure B.4 and the modes with higher MAC values are gathered in
Table B.2.
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Table B.2: Experimental and simulation frequency comparison for the brake side
cover
Simulation f [Hz] Experimental f [Hz] MAC Error[%]
480.6 521.1 0.767 8.43
494.3 522.3 0.805 5.66
894 940.7 0.436 5.22
897.6 940.8 0.638 4.81
986.1 1043.8 0.712 5.85
1551.2 1593 0.468 2.69
2378.4 2411.9 0.457 1.41
3300.8 3322.6 0.488 0.66
3308.1 3322 0.584 0.42
4277.1 4263.1 0.556 0.33
5248.2 5180.3 0.432 1.29
B.3 Clutch side cover
Measurements were taken with the accelerometer in point 1 in 48 points in
the circumference and another 8 measurements were taken in the protrusion
(Figure B.5).
Figure B.5: Measurement points in the clutch side cover
In this case the shape of the modes could not be compared successfully due to
the complexity of the geometry of the element. In any case, as the frequency
error was not high the correlation was thought as acceptable (Table B.3).
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Table B.3: Experimental and simulation frequency comparison for the clutch
side cover








Measurements were taken with the accelerometer in point 1 in three concentric
semi–circumferences measuring in 20 points in each (Figure B.6)
Figure B.6: Measurement points in the lining–holder
The MAC matrix comparing the simulation modes with the experimental ones
is shown in Figure B.7 and the modes with higher MAC values are gathered in
Table B.4.
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Table B.4: Experimental and simulation frequency comparison for the lining–
holder
Simulation f [Hz] Experimental f [Hz] MAC Error[%]
256.23 251.0637396 0.99199886 2.06
423.35 429.4541491 0.9581087 1.42
668.06 647.6301113 0.94654526 3.15
794.03 796.242631 0.95897089 0.28
1112 1079.675303 0.95071528 2.99
1460.9 1430.995516 0.9136899 2.09
1696.1 1647.317323 0.90950239 2.96
2206.5 2143.530605 0.93710878 2.94
2339.9 2309.306393 0.89016006 1.32
2936.5 2847.059115 0.90408289 3.14
3148 3118.275054 0.8898082 0.95
3674.2 3576.163825 0.86248611 2.74
3952.3 3884.112724 0.88853176 1.76
4494.4 4404.326571 0.82039728 2.05
4839.9 4760.165193 0.82716854 1.68
5566.1 5479.418212 0.83552982 1.58
5761.1 5687.863441 0.79022003 1.29
6601.5 6491.516326 0.81619207 1.69






























































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































Figure B.4: MAC matrix for the brake side cover





























































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































Figure B.7: MAC matrix for the lining–holder
Appendix C
Practical procedure
The objective of this appendix is to tackle the most practical side of the work,
explaining the concrete procedure used in Abaqus and Matlab to obtain the
results presented in this document. It is divided in three parts, the computation
of complex eigenvalues, the computation of receptance and the parametric study.
C.1 Computation of complex eigenvalues
The complex eigenvalues of the system are computed using Abaqus in a four–step
procedure comprising:
1. A non linear pressure application step
2. A non linear rotation application step
3. The computation of the normal modes
4. The computation of the complex modes from the normal modes.
A sample input file is provided below (Listing C.1), where the values in between
brackets stand for the variables.
The following should be noted:
• During the pressure step stabilisation can be used to aid convergence. This
is discouraged during the rotation step because of the damping that it is
introduced to the system by this procedure.
• In order to reduce convergence problems, friction coefficient can be applied
in the rotation step assuming that in the first step the friction coefficient
is zero.
• Both non linear steps have been performed in 10 steps.
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• The rotation is introduced with the keyword MOTION that defines the




*Step , name=pressure , nlgeom =NO , amplitude =STEP
* Static




** Name: pressure Type: Pressure
* Dsload









*Step , name=rotation , nlgeom =NO
* Static
0.1, 1., 0.1, 0.1
**
** BOUNDARY CONDITIONS
** Name: rotation Type: Velocity / Angular velocity
*Motion , rotation , type= VELOCITY
<node_set >, <omega >, <x1>,<y1>,<z1>,<x2>,<y2>,<z2>
** INTERACTIONS
* Change Friction , interaction =<name >









*Step , name=modo , nlgeom =NO , perturbation
*Frequency , eigensolver =Lanczos , acoustic coupling =←↩
on , normalization = displacement
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, <f1>, <f2>, , ,
*End Step
** ---------------------------------------------
** STEP: modo complejo
**
*Step , name =" modo complejo ", nlgeom =NO , perturbation←↩
, unsymm =YES
* Complex Frequency , friction damping =YES
, <f1>, <f2>,
*End Step
Listing C.1: Sample input file
C.2 Computation of receptance
In order to compute the value of the needed modification the point(s) where the
modification will be located have to be selected and the receptance computed.
With this in mind, the last two steps of the computation performed in the last
section are substituted by the one shown in Listing C.2.
** STEP: receptance
*Step , name=H, nlgeom =NO , perturbation
* Steady State Dynamics , direct , frequency scale=←↩
LINEAR , friction damping =YES
<f1>, <f2>, <number_of_points >, <bias =1>.
**
** LOADS
** Name: F Type: Concentrated force
*Cload , real




*Node Output , nset=<point >
<direction = U1 ,U2 ,U3>,
*End Step
Listing C.2: Step for the computation of receptance
The value of the receptance(s) can be exported as a Report from the Abaqus
Viewer in order to compute the range of values of needed mass or stiffness
modification in Matlab using the formulae described in both Chapter 5 and
Chapter 7.
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C.3 Parametric study
Once the range of values of the modification has been set, a parametric study
can be defined to determine the effects of the modification in the system. This
can be accomplished in Abaqus by a Python script — a psf file — that is called
from the terminal window as:
abaqus script =<script_name >
The script file has a structure similar to the one shown in Listing C.3
# Define the modification
inp = '<TEMPLATE_INPUT >'
rang = (<LIMIT1 >,<LIMIT2 >)
variable = '<VARIABLE_NAME >'
# Define the study
aStudy = ParStudy (par=variable , name=inp)
aStudy . define ( CONTINUOUS , par=variable , domain =rang)
aStudy . sample (NUMBER , par=variable , number =<NUMBER >)
aStudy . combine (MESH)
# Create input based on the template
aStudy . generate ( template =inp)
Listing C.3: Sample psf file
And has to be accompanied by a template input file where the modification is
added but its value is not fixed, this means adding:
* PARAMETER
Variable = value
to the beginning of the input file and substituting the value of the parameter
with when it appears. For example, if the mass of a point mass is the parameter
under study, at the beginning of the input file the following should be added:
* PARAMETER
m = 1
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The value of the parameter acts as a starting value and does not matter. Then,
when the parameter appears its value is substituted by:
*Mass , elset= setName
<m>,
In this case the template input file is a computation of complex eigenvalue
analysis where the parameter is the value of the modification. This parametric
study creates several dat files that have to be analysed to determine if the
modification is able to stabilise the system.
The real parts and frequencies of the eigenvalues can be easily extracted from
the files using a regexp as shown in Listing C.4.
function [re , f] = extractReF (file)
% Extracts the real part and frequency of an ←↩
eigenvalue from a dat file
text = fileread (file);
exp = '\n\s+\d{1 ,3}\s+(?<re >[0 -9.E -]+)\s+[0 -9.E+]+\s←↩
+(?<f >[0 -9.]{6}) \s+[0 -9. -]{6} ';
data = regexp (text ,exp ,'names ');
clear text
% Convert to number
f = cellfun (@str2num ,{ data.f});
re = cellfun (@str2num ,{ data.re});
clear data
Listing C.4: Function for extracting eigenvalues from a dat file
Then the pairs of data can be plotted for each value in the parametric study and
to check the stability.
It is worth stressing that this whole procedure is susceptible to automation by
following these steps:
• Prepare a generic input file to compute receptances and another to perform
CEA with added mass or stiffness. After, the points where forces are
applied, displacements measured and modifications applied will be modify
by a script.
• Select frequency range around squealing frequency.
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• Select possible points for the modification.
• For each point compute the needed receptance functions
• Read receptance functions in Matlab with and compute the possible range
for the modification.
• Perform a CEA analysis for several values in the range.
• Read and plot the results.
A sample code showing this automatic procedure for the addition of a single
point mass modification is shown in Listing C.5
% NEEDED DATA
inpH = 'H.inp '; % Generic input file for calculation←↩
of H
inpNewH = 'H_modified .inp '; % File that will be ←↩
created from inpH
inpCEA = 'CEA.inp '; % Name of prepared file for CEA
inpNewCEA = 'CEA_modified .inp '; % File that will be ←↩
created from inpCEA
% SELECT RANGE AROUND SQUEALING FREQUENCY
fs = 7400; % Squealing frequency
deltaF = 300;
resolution = 1;
f = linspace (fs -deltaF ,fs+deltaF ,2* deltaF / resolution←↩
+1);
s = i*2* pi*f;
% POSSIBLE POINTS FOR THE MODIFICATION
nodes = [1 ,2 ,3]; % position of the modification
points = 10; % number of points in parametric study
modes = 3; % number of modes in range
% Initialisation .
re = zeros (modes ,points , length (nodes));
frecuency = zeros (modes ,points , length (nodes));
C.3. PARAMETRIC STUDY 135
for n = nodes
% COMPUTATION OF RECEPTANCE
% *Step , name=H, nlgeom =NO , perturbation
% * Steady State Dynamics , direct , frequency ←↩
scale=LINEAR , friction damping =YES
% f1 , f2 , points ,
% **
text = fileread (inpH);
divisor1 = '* Steady State Dynamics , direct , ←↩
frequency scale=LINEAR , friction damping =YES '←↩
;
C = strsplit (text , divisor1 );
divisor2 = '** LOADS ';
C{2} = strsplit (C{2}, divisor2 );
% Change frequency range
C {2}{1} = ['\n' num2str (f- deltaF ) ',' num2str (f+←↩
deltaF ) ',' num2str (2* deltaF / resolution +1) '←↩
,\n**\n'];
fid = fopen (inpNewH ,'w');
fprintf (fid ,'%s%s%s%s',C{1}, divisor1 , sprintf (C←↩
{2}{1}) ,divisor2 ,C {2}{2}) ;
fclose (fid);
% Change node of load and displacement
% *Nset , nset=<NAME >
% node ,
text = fileread ( inpNewH );
divisor1 = '*Nset , nset=<NAME >';
C = strsplit (text , divisor1 );
divisor2 = '*Elset , elset=<NAME >'; % take from ←↩
original h computation
C{2} = strsplit (C{2}, divisor2 );
C {2}{1} = ['\n' num2str (nodes) ',\n'];
fid = fopen (inpNewH ,'w');
fprintf (fid ,'%s%s%s%s',C{1}, divisor1 , sprintf (C←↩
{2}{1}) ,divisor2 ,C {2}{2}) ;
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fclose (fid);
% Compute H in frequency range
dos ([ 'abaqus job=', inpNewH (1: end -4) , ' ←↩
interactive ']);
% Write h in dat file
% *NODE PRINT , NSET=<NAME >
% U2
text = fileread ([ inpNewH (1:( end -3)) 'dat ']);
data = regexp (text ,[ nodo '\s+(?<re >[0 -9.E -]+) '],←↩
'names ');
re = str2num (data.re);
data = regexp (text ,'SSD\s+(?<im >[0 -9.E -]+) ','←↩
names ');
im = str2num (data.im);
h = complex (re ,im);
% Modification
deltaM = -ones( length (h) ,1) ./(s.^2.*h);
deltaM = deltaM > 0;
% For the mass modification
for m = linspace (min( deltaM ),max( deltaM ),points )
text = fileread ( inpCEA );
divisor1 = '** MATERIALS ';
C = strsplit (text , divisor1 );
% Only real part
mass = ['*Element , type=MASS , elset=<NAME >,'←↩
nodes '\n*Mass , elset=<NAME >\n' num2str←↩
(real( deltaM )) ', \n**\n']; % take from ←↩
prepared CEA
fid = fopen (inpNewCEA ,'w');
fprintf (fid ,'%s%s%s',C{1}, sprintf (mass),←↩
divisor1 ,C{2});
C.3. PARAMETRIC STUDY 137
fclose (fid);
dos ([ 'abaqus job=', inpNewCEA (1: end -4) , ' ←↩
interactive ']);
% Read results with regexp
[re(:,m,n), frecuency (:,m,n)] = extractReF ([←↩
inpNewCEA (1: end -4) , '.dat ']);
end
end
Listing C.5: Sample code for automatic point mass modification
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